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SUMMARY 

This  report  presents  the  results  of  an  analytical  and  experi¬ 
mental  program;  to  evaluate  the  influence  of  critical  bearing 
parameters  on  the  perform ince  of  high-speed  (-20,000,  fpm  - 
1.42  million  DN) ,  high-load  (5500-pound  thrust,  7500-pouhd 
radial)  tapered-rolier,,  spiral  bevel  gea\  support  bearings 
for  use  in  helicopter  transmissions. 

The  program  consisted  of  a  generalized  analytical  investi¬ 
gation  and  then  an  experimental  investigation  based  bn  the 
information  obtained  iris  the  analytical  investigation. 

in  the  generalized  analytical  investigation,  a  method  of 
analysis  was  developed  which  covered  bearing  kinematics, 
internal  load  distribution,  oil  film  thickness,  contact 
stress,,  and  fatigue  life.  This  analytical  method  permitted 
an  evaluation  of  the  following  critical  design  parameters: 

•  Sliding  velocity  at  cone -rib  contact 

e  Roller  centrifugal  force  and  gyroscopic  moment 

•  Declutching  thrust  load 

w  Oil  film  thickness  at  cone  rib  and  roller  race  contacts 

•  Cone-rib  contact  height 

•  Cone  or  cup  (inner/outer  race  flange)  rib  geometry 

•  Roller  large-end  curvature 

•  Hertz  contact  stress  at  cone-rib  contact 

•  Flash  temperature  index  at  cone-rib  contact 

•  Spacing  of  lube  holes  in  cone 

•  Length  of  lube-hole  orifices  in  cone 
>*  Cone  lube-hole  orifice  angle 

©  Fatigue  life 

The  experimental  investigation  was  conducted  on  53  tapered 
roller  bearings  of  the  6500  series  (3.50-inch  bore)  by  per¬ 
forming  rotating  load  testing.  Approximately  half  of  the 
bearings  were  procured  and  tested  under  a  current  company 
program,  and  the  results  are  reported  herein. 
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Also ,  preliminary  screening  tests  were  .conducted  on  13 
additional  test  bearings  to  establish  key  bearing  design 
modifications.  This  investigation  was  successful  in  meeting 
the  objective  and  aims  of  .the  program.  The  following  results 
were  achieved: 

•  Oil-flow  rate  was  optimized  for  operation  .up  to  20  >666 
fpm  (1.42  million  DN)  based  on  bearing  temperature  and 
torque  performance. 

•  Roller  large--end  curvature  and  cone-rib  angle  were  h 

optimized  for  operation  up  to  20,000  fpm  based  on  the 
development  of  an  adequate  oil  film  thickness. 

•  Three  platings  (silver,  phosphate,  and  brass)  on  the  * 

standard  steel  cage  were  evaluated,  and  under  reduced 

or  marginal  orl  flow,  the  silver-plated  cages  provided 
the  best  performance. 

•  The  roller-end  (large)  and  cone-rib  surface  finish  in 
the  range  of  3  to  1.6AA  was  evaluated,  and  correlation 
was  found  with  performance  at  20,000  fpm. 

•  Three  steel  cage  designs  were  evaluated  (standard 
stamped,  flared  stamped,  and  Z-type  fully  machined) ;  all 
three  performed  successfully  at  20,000  fpm. 

•  Eighteen  and  twenty-four  radial  lubrication  holes  through 
the  bearing  cone  were  evaluated;  optimization  of  oil  dis¬ 
tribution  on  the  cone-rib  was  achieved  with  the  24-hole 
design. 

•  Four  fail-safe  bearing  designs  were  evaluated:  Vespel 
ring  bonded  to  the  cone  rib  with  a  silver-plated  cage 
(the  Vespel  ring  failed  at  11,000  fpm);  Vespel  ring 
bonded  to  the  cone  rib  with  a  boronized  case  hardened 
cage  (the  Vespel  ring  failed  at  11,000  fpm) ;  boronized 
case-hardened  cone  rib,  large  roller  end,  and  cage 
(examination  after  20,000  fpm  operation  revealed  heavy 
wear  on  the  large  end  of  the  rollers) ;  and  Tribaloy 
(Laves  Phase)  alloy  ring  brazed  to  the  cone  rib  with 

a  silver-plated  cage  (this  design  configuration  operated 
at  20,000  fpm  successfully  with  no  evidence  of  wear) . 
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FOREWORD 


This  is  the  final  report  of  a  program  for  the  design,  fabri¬ 
cation,  test  and  evaluation,  of  spiral  bevel  support  bearings 
(tapered  roller) .  This  report  also  includes  the  work  accom¬ 
plished  under  a  related  Boeing-Vertol  effect.  This  contracted 
program  was  conducted  during  the  21-month  period  from  4  March 
1971  through  4  December  1972  for  the  Eustis  Directorate,  O.S. 
Army  Air  Mobility  Research  and  Development  Laboratory  under 
*  Contract  DAAJ02-" l-C-0025 ,  DA  Project  1G162207AA74 . 

U.S.  Army.  Air  Mobility  Research  and.  Development  Laboratory 
<  technical  direction  was  provided  by  the  Contracting  Officer's 

Technical  Representative,  Mr.  E,  Rouzee  Givens  of  the  Technol¬ 
ogy  Applications  Division. 

This  program  was  conducted  at  the  Vertol  Division  of  The 
Eoeing  Company  under  the  technical  direction  of  A.  J,  Lemanski 
(Program  Manager) ,  Chief  of  Advanced  Drive  System  Technology 
Department.  Principal  investigators  for  the  program  were 
Mr.  J.  W.  Lenski,  Jr.  (Project  Engineer)  and  Mr.  R.  J.  Drago 
(Theoretical  Analyst) .  Others  who  contributed  to  the  success 
of  the  project  at  Boeing-Vertol  were  Mr.  S.  Binder  and 
Mr .  J .  C .  Mack . 

Mr.  R.  F.  Cornish  (Applications  Development  Engineer)  and 
Mr.  Gary  Dressier  of  The  Timken  Company,  Physical  Laboratories, 
Canton,  Ohio,  provided  assistance  and  contributions  during  the 
experimental  investigation.  Mr,  A.  B.  Jones  (Bearing  Consult¬ 
ant)  ..  Newington,  Connecticut,  derived  the  bearing  fatigue  life 
analysis  data. 
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distance  between  roller-end  curvature  center  and 
intersection  of  the  centerline  of  the  second 
source  lube  holes  with  a  line  through  this  center 
and  parallel  to  bearing  axis,  in. 

length  of  roller  measured  along  roller 
centerline,  in. 

effective  lubricant  path  length,  in. 

inner  and  outer  race  moments,  respectively, 
in . - lb 


M 


ROL 


m 


R,mE 


PI'P0 


mass  of  roller,  . 

xn. 

poisson's  ratio  for  race  and  roller,  respectively 

load  on  roller  end  due  to  flange,  lb 

inner  and  outer  race  loads,  respectively,  lb 
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q 

qiit 

r 

rcg 


heat  flux, 


in. -lb 
.in.  2-sec 


theoretical  flow  through  oil  holes,  gpm 


effective  curvature  radius  in  direction  of 
motion ,  in . 

radius  to  roller  center  of  gravity,  measures 
perpendicular  to  bearing  centerline,  in. 


%T 

RE 

Rp 

RI 


radius  to  outer  limit  of  contact  band,  in. 

roller  end  spherical  radius,  in. 

radius  of  curvature  of  flange,  in. 

radius  to  theoretical  intersection  point  between 
inner  race  and  flange,  in. 


R 


I  ,R0 


effective  curvature  radii  for  inner  and  outer 
race  contacts,  respectively,  in. 


rIM,rom  radii  to  inner  and  outer  races  respectively,  at 
UM  mean  section  measured  perpendicular  to  bearing 
centerline,  in. 

rIMP,rOMP  radii  of  curvature  of  inner  and  outer  races  at 
the  mean  section,  respectively,  in. 


Rq  critical  flow  ratio 

Rp  radius  to  roller-end/flange  contact  point, 

measured  perpendicular  to  bearing  centerline, 
in. 


RRp  radius  perpendicular  to  bearing  centerline  to 

point  at  which  a  line  through  the  roller-end/ 
flange  contact  point  perpendicular  to  the  roller 
centerline  crosses  the  roller  centerline,  in. 


rRL 


radius  of  large  end  of  roller,  in. 


RROL 


radius  of  curvature  of  roller  at  mean  section, 
in. 


rrs  radius  of  small  end  of  roller 

r  n  radii  of  curvature  in  X  and  Y  directions, 

x  ^  respectively,  in. 
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RX1/RX2  curvature  radii  in  X  direction,  for  bodies  1  and 
2,  respectively)  in. 

RY1/RY2  curvature  radii  in  Y  direction  for  bodies  1  and 
2,  respectively,  in. 

SCRE  maximum  contact  stress  at  roller rend/flange 

contact,  psi 

t  distance,  from  roller  mean  section  to  rOller-end/ 

flange  contact  point,  measured  parallel  to  roller 
centerline,  in. 

TDq  bearing  declutching  thrust  load,  lb 

tF  time  required  for  oil  stream  to  traverse 

effective  flange  area,  sec 

U  entraining  velocity,  in. /sec 

Up  entraining  (mean  surface)  velocity  at  the  roller- 

end/flange  contact  point,  in. /sec 

VA  oil  stream  velocity,  in. /sec 

VAX,VAY  °il  stream  velocity  in  X  and  Y  directions, 
respectively,  in. /sec 

VAXJt  velocity  of  oil  stream  parallel  to  bearing 

centerline,  in. /sec 

VBADT  velocity  of  oil  stream  perpendicular  to  bearing 

^  centerline,  in. /sec 

Vp  linear  velocity  of  flange  at  contact  point, 

in. /sec 

Vp/cp  linear  velocity  of  the  flange  at  the  roller-end/ 

1 '  "  flange  contact  point  with  respect  to  the  ro.ller- 

ena/flange  contact  point,  in. /sec 


entraining  (mean  surface)  velocity  at  inner  and 
outer  race  mean  sections,  respectively,  in. /sec 

linear  velocity  of  roller  centerline  at  the  point 
at  which  a  line  through  the  roller-eud/f lange 
contact  point  perpendicular  to  the  roller  center- 
line  crosses  the  roller  centerline,  in. /sec 

volume  of  roller,  in,3 
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V 


RB 


V 


RP/CP 


V 


RP/RE 


Vc 


W 


WJ 


WI'W0 

y 


VCG 


y,y0 

z 

a 

a  1 

a0 

3 

I 

Y  ' 

yb 

yg 


Y 


H 


linear  velocity  of  roller  at  roller-end/flange 
contact  point,  in. /sec  ‘ 

linear  velocity  of  the  roller  at  the  rr iter-end/ 
flange  contact  point  with  respect  to  the  roller- 
end/flange  contact  point,  in. /sec 

linear  velocity  of  roller  at  roller-end/flange 
contact  point  with  respect  to  roller  centerline, 
in ./sec 

sliding  velocity  at  the  roller-end/ flange  contact 
point,  in. /sec 

contact  point  load,  lb 

contact  load  intensity,  lb/in. 

inner  and  outer  race  load  intensity,  respectively, 
Ib/in. 

distance  from  roller  centerline  to  roller-end/ 
flange  contact  point,  measured  perpendicular  to 
roller  centerline,  in. 

distance  from  large  end  of  truncated  circular 
cone  to  center  of  gravity,  in. 

distance  to  inner  and  outer  points  of  oil  holes, 
respectively,  in. 

number  of  rollers 

inner  race  (cone)  half  angle,  deg 

pressure-viscosity  exponent,  in.2/lb 

hole  angular  spacing,  deg 

outer  race  (cup)  half  angle,  deg 

roller  centerline  half  angle,  deg 

angle  between  inner  race  and  flange,  deg 

flange  inclination  angle,  deg 

adjusted  ratio  of  roller  diameter  and  mean 
pitch  diameter,  deg 

angle  of  oil  holes  with  respect  to  bearing 
centerline,  deg 
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0 


2,03 


0  ' 


angle  between  VAJs  and  VAv  /  deg 

angle  between  direction  of  tap  'and  bearing 
centerline 

angle  between  bearing  centerline  and  direction 
of  uRyF 

— V  -A* 

angle  between  vectors  and  R 

undercut  at  inner  race/flange  junction,  in. 

elastic  approach  of  roller-end/flange  contact, 
in. 

angle  between  roller  centerline  and  flange 
roller-end  load  line,  deg 

critical  flow  angle,  deg 

auxiliary  angles  used  in  determining  S,p 

angle  between  roller  centerline  and  line  joining 
roller-end/flange  contact  point  with  roller- end 
curvature  center,  deg 
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i-1 


j  ; 

i/  * 


0" 


p0 


angle  between  roller  centerline  and  line  joining 
large  end  roller  outside  diameter  and  flange 
curvature  center,  deg 

•  /lb-sec^ 

absolute  viscosity,  reyns  I— - *— I 

in.'1 


I'C 


VR'  VE 


pR0L 


material  constants  for  roller  and  races, 
respectively,  psi"1 

switch  for  determining  to  which  race  the  flange 
is  attached 

weight  density  of  roller,  lb/in.3 
total  roller  included  angle,  deg 


a)  angle  between  X  axes  of  bodies  1  and  2,  deg 

Up  generalized  angular  velocity  of  flange,  rad/sec 

“i/RE  angular  velocity  of  inner  race  with  respect  to 

'  roller  centerline,  rad/sec 
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angular  velocity  of  outer  race,  rad/sec 

angular  Velocity  of  outer  race  with  respect  to 

roller  centerline,  rad/sec 

% 

angular  velocity  of  roller,  rad/sec 

angular  velocity  of  roller  centerline ^  rad/sec 

generalized-  angular  velocity  of  roller  centerline 
with  respect  to  flange,  rad/sec 

angular  velocity  of  roller  with  respect  to  flange, 
rad/sec 

angular  velocity  of  roller  about  its  own 
centerline,  rad/sec 

angle  between  X  axes  of  bodies  1  and  2,  respec¬ 
tively,  and  pressure  ellipse  axes,  deg 
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INTRODUCTION 


Previous  Boeing-Vertol  advanced  transmission  design  studies 
established  the  need  to  advance  the  technology  of  tapered 
roller  bearings.  These  studies  revealed  that  the  current 
state  of  the  art  of  ball  and  cylindrical  roller  bearing  sys¬ 
tems  for  reacting  combined  radial  and  thrust  loads  will  impose 
severe  restrictions  (such  as  reduced  system  life,  increased 
weight-  decreased  reliability  and  limited  design  f legibility) 
when  used  in  an  advanced  helicopter  drive  system.  In  con¬ 
trast,  the  utilization  of  tapered  roller  bearings  for 
reaction  of  combined  loads  produced  by  high-speed  spiral 
bevel  gears  in  helicopter  transmission  systems  offers  dis¬ 
tinct  advantages.  Their  use  can  reduce  the  number  of  bear¬ 
ings  in  the  system,  lower  system  weight,  lower  cost, 
improve  operating  efficiency,  and  provide  more  design 
flexibility. 

In  the  past,  transmission  designers  and  bearing  engineers 
were  misguided  by  archaic  ideas  concerning  the  ability  of 
tapered  roller  bearings  to  operate  at  speeds  greater  than 
5000  fpm  cone-rib  (flange)  velocity.  However,  prior  BoeLng- 
Vertol  independent  research  and  development  programs  (CY  1967- 
1970) ,  in  conjunction  with  the  Timken  Company,  have  demon¬ 
strated  that  tapered  roller  bearings  can  operate  successfully 


I,'  at  speeds  four  times  greater  than  that  (20,000  fpm).  To 

:  attain  these  speeds,  new  developments  and  advanced  theories 

-  had  to  be  incorporated  in  the  bearing  design. 

%  It  has  long  been  recognized  that  tapered  roller  bearings  had 

?  the  potential  to  carry  heavier  radial  and  thrust  loads  per 

b  pound  than  any  other  type  of  bearing.  However,  due  to  lubri- 

l  cant  starvation  at  the  roller-end/cone  rib  (inner  race  flange) 

1,  contact  caused  by  centrifugal  force  deflecting  the  oil-flow 

|  path  away  from  this  critical  area,  the  standard  tapered  roller 

bearing  has  been  limited  to  a  top  speed  of  approximately 
't  10,000  fpm  cone -rib  velocity.  The  prior  Boeing-Vertol  inde- 

f,  pendent  research  established  the  design  features  to  achieve 

high-speed  operation.  They  include  an  advanced  lubrication 
i  system  that  will  provide  oil  to  the  critical  roller-end/cc.oe- 

’  rib  contact  area  and  improved  roller-end/cone-rib  geometry 

to  kinematically  develop  an  adequate  oil  film  thickness. 

i  *  The  objective  of  the  work  under  this  contract  was  to  determine 

the  influence  of  various  design  factors  on  bearing  performance. 
‘  The  design  factors  included  oil-flow  rate,  roller-end/cone- 

rib  geometry,  cage  design  configurations,  cage  plating, 
roller-end  and  cone-rib  finish,  and  fail-safe  bearing  designs. 
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PREVIOUS  BOEING-VERTQL  RESEARCH 

In  1968,  The  Boeing  Company's  Vertol  Division  sponsored  a 
tapered  roller  bearing  research  program  with  The  Timken  Com¬ 
pany  as  subcontractor.  The  objective  of  this  program  was  to 
,  develop  high-speed  tapered  roller  bearings  to  support  spiral 
bevel  gearing  in  advanced  helicopter  transmissions  and  drive 
systems.  A  number  of  transmission  studies  which  were  con¬ 
ducted  by  Boeing-Vertol  prior  to  that  time  revealed  that  high¬ 
speed  (over  10,000  fpm)  tapered  roller  bearings  offered  the 
most  potential  for  increased  load  capacity  and  bearing  life, 
and  a  corresponding  reduction  in  bearing  size  and  weight,  when 
compared  to  a  system  of  ball  and  cylindrical  roller  bearings. 

One  such,  design  study  was  made  on  Boeing's  CH-47C  engine  nose 
transmission.  The  standard  design  is  shown  in  Figure  1.  The 
goal  of  this  study  was  to  increase  the  single-engine  power 
from  2200  horsepower  to  3750  horsepower  and  provide  a  growth 
potential  to  4500  horsepower  within  the  same  envelope  size. 

One  facet  of  the  study  revealed  five  basic  requirements  for 
the  bearing  system  in  order  to  achieve  this  goal: 

•  Reduce  centrifugal  force  on  rolling  elements 

•  Reduce  number  of  bearings  in  system 

•  Reduce  internal  heat  generation 

•  Increase  system  stiffness 

•  Increase  operating  efficiency 

The  standard  engine  nose  transmission  was  redesigned  by  incor¬ 
porating  four  tapered  roller  bearings  in  place  of  the  two  ball 
and  four  roller  bearings.  A  dotailod  analysis  of  the  advanced 
tapered  roller  system  design  (as  compared  to  the  standard  de¬ 
sign)  revealed  a  5-pound  weight  savings,  a  33-porcont  increase 
in  system  reliability,  a  20-poroont  reduction  in  friction 
power  loss  and  a  fourfold  improvement  in  radial  stiffness, 
Figure  2  shows  the  advanced  design,  and  Tablo  I  shows  its  ad¬ 
vantages  over  the  standard  dani?**. 


LUBRICATION  PROBLEM  AT  HIGH  SPEED 

Designers  have  known  for  a  long  timo  that  tapered  roller  bear¬ 
ings  have  the  potential  to  carry  hoavior  radial  and  thrust 
loads  per  pound  of  weight  than  any  other  type  of  bearing. 
However,  helicopter  transmission  designers  have  not  considered 
them  for  advanced  applications  because  they  have  had  a  top 
speed  limitation  of  approximately  10,000  fpm  cone-rib  velocity 
(it  x  cone-rib  diameter  in  feet  x  cone  speed  in  rpm)  .  The  speed 
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TABLE  I.  COMPARATIVE  DESIGN  STUDY  OF  BALL/ROLLER 

BEARING  VERSUS  TAPERED  ROLLER  BEARING 

- 

Current 

Technology 

Advanced 

Technology 

Configuration 

SK20308 

SK20548 

Number  of  Bearings 

2  Ball  and 

4  Roller 

4  Tapered  Roller 

Bearing  Weight 

26  lb 

21  lb 

System  Reliability 

Baseline 

33%  Increase 

Friction  Losses 

Baseline 

20%  Reduction 

System  Stiffness 

Axial  -  Kx  (lb/in.) 

2.12  x  106 

2.66  x  106 

Radial  -  Kz  { lb/in.) 

2.07  x  106 

8.02  x  106 

Moment  -  K0  (lb-in. /rad) 

3.73  x  107 

8.25  x  107 

EC4&* 


limitation  was  imposed  to  prevent  damage  to  the  roller 
spherical-end  and  cone  rib  (inner  race  flange)  because  , cen¬ 
trifugal  force  begins  to  cause  lubricant  starvation,  at  fhis 
speed . 

*  i 

Under  a  prior  Boeing-Vertol  Independent  Research  and  Develop¬ 
ment  (IR&D)  program,  strobe  lights  and  high-speed  motion 
picture  film  were  used  to  isolate  the  problem  areas  in  the 
tapered  roller  bearing  where  lubricant  starvation  is  a  key 
factor.  The  strobe-light  photographs  in  Figure  3  show  that, 
as  the  speed  increases,  centrifugal  force  deflects  the  oil 
flow  path  through  the  bearing  further  and  further  outward 
until  there  is  no  lubricant  at  the  critical  contact  area  be¬ 
tween  the  roller  large  end  and  cone  rib. 

At  low  speeds,  some  oil  leaves  the  bearing  between  the  cone 
rib  outside  diameter  (OD)  and  cage  and  some  between  the  cage 
and  inside  diameter  (ID)  of  the  cup.  With  increased  s^eed, 
the  amount  of  oil  leaving  the  bearing  between  the  cone  rib  OD 
and  cage  diminishes  until  there  is  almost  none  at  a  cone  speed 
of  7000  rpm. 

n  lis  phenomenon  is  shown  in  Figure  4,  where  the  oil  flow  path 
;  bent  outward  by  centrifugal  force  as  it  progresses  from  the 
mall  end  of  the  bearing  to  the  large  end. 

t’est  results  indicated  that  if  more  oil  than  an  optimum  quan¬ 
tify  is  forced  through  the  bearing,  churning  results  along 
with  the  development  of  excessive  heat. 


APPROACHES  TO  SOLUTION  OF  THE  PROBLEM 

Prior  Boeing-Vertol  investigation  indicated  that,  at  high 
speeds,  the  roller-end/cone-rib  contact  becomes  the  most 
critical  area.  This  contact  between  the  roller  end  and  cone 
rib  is  one  of  pure  sliding,  and  must  be  designed  to  entrap  oil 
and  to  continually  replenish  the  oil  film  in  the  contact  area. 
To  accomplish  this,  the  large  roller  end  is  normally  made 
spherical  and  the  cone  rib  is  made  in  the  shape  of  the  inside 
of  a  cone  whose  apex  is  on  the  cone  centerline  toward  the 
outside  face  on  the  large  end  of  the  cone.  The  roller 
spherical-end  radius  is  made  smaller  than  the  roller  apex 
length  so  that  under  no  load  the  contact  with  the  cone  rib  is 
a  point  contact.  The  prior  work  also  indicated  that  the  cone 
flange  angle  should  be  designed  so  that  this  contact  point  is 
located  at  the  mid-point  of  the  available  contact  area  as  de¬ 
scribed  by  the  roller  recess  and  the  cone  undercut. 

This  design  will  provide  a  wedge-shaped  opening  in  all  direc¬ 
tions  from  the  contact  point  to  entrap  lubricant  as  the  roller 
rolls  relative  to  the  cone  rib.  However,  this  contact  poinb 
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Centrifugal  Force  Effect  on  Oil  Flow  Path.  Oil  Flow  of  6  Pts/ 
Min  Through  a  6500-Series  Bearing  (Lube  at  Small  End  Only).; 


Figure  4.  Normal  Flow  of  Lubricating  Oil  Through 
Standard  Bearing. 


spreads  into  the  form  of  an  ellipse  as  load  is  applied  to  the 
Rearing.  If  the  roller  spherical-rend  radius  is  too  large, 
this  ellipse  of  contact  may  be  larger  than  the  available  con¬ 
tact  area,  thus  truncating  the  contact  ellipse;  and  instead  of 
entrapping  oil,  the  roller  will  scrap  away  oil. 

s  , 

The  test  results  indicated  that,  as  the  bearing  runs  faster, 
the  wedge  opening  has  to  be  increased  to  entrap  sufficient  oil 
to  replenish  the  oil  film  at  the  contact.  Too  small  a  roller 
spherical-end  radius  will  create  higher  stresses  than  the  oil 
film  can  support.  Therefore,  the  roller-end/cone-rib  geometry 
is  a  very  critical  part  of  the  bearing  design. 

Supplying  sufficient  lubricating  oil  to  the  roller-end/cone- 
rib  contact  is  an  even  more  critical  problem  to  high-speed 
operation  than  the  geometry  of  these  surfaces  ,isince 
centrifugal  force  starves  this  area. 

Under  the  Boeing-Vertol/Timken  IR&D  program,  134  test  bearings 
of  the  6500  series  (3.50-inch  bore)  were  tested  and  evaluated. 
The  testing  sequence  which  was  used  for  this  program  is  shown 
in  Figure  5  .  The  test  program  covered  modifications  to  the 
bearing  geometry,  cage  design,  and  lubrication  system. 

The  conclusions  from  the  test  results  were  that  tapered  roller 
bearings  can  be  successfully  operated  at  high  loads  and 
speeds.  The  test  program  demonstrated  loads  of  7500  pounds 
radial  and  4350  pounds  thrust  up  to  a  speed  of  16,000  rpm 
(20,000  fpm  cone-rib  velocity)  .  The  tc.it  results  also  iden¬ 
tified  the  need  to  optimize  various  parameters  and  develop  an 
understanding  of  the  interactions  of  these  parameters  on 
performance . 


Flow 


Figure  5  .  Boeing-Vertol/Timken  Independent  Research  and 
Development  Tapered  Roller  Bearing  Program- 
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ANALYTICAL  INVESTIGATION 


in  order  to  develop  an  understanding  of  the  operating  and 
performance  characteristics  of  high-speed,  tapered  roller 
bearings,  a  two-phase  program  was  conducted  to  evaluate  and 
optimize  a  6500-series,  tapered  roller  bearing.  The  first 
phase  of  this  program  was  the  development  of  .*>  theoretical 
analysis  to  provide  the  analytical  tools  necessary  for  pre¬ 
dicting  and  evaluating  the  performance  of  high-speed,  tapered 
roller  bearings.  The  second  phase  was  an  experimental  inves-, 
tigatiori  to  provide  test  data  to  substantiate  the  analytical 
investigation . 

The  analytical  investigation  was  conducted  to  develop  equa¬ 
tions  and  methodology  which  could  help  evaluate  the  influence 
of  critical  bearing  parameters  on  the  performance  of  high¬ 
speed,  tapered-roller  spiral  bevel  gear  support  bearings. 

The  analytical  investigation  was  directed  toward  evaluating 
the  kinematic  relationships,  speed/load  effects,  cone  rib 
flange  contact  analysis,  oil  film  thickness  at  contacting 
interfaces  and  fatigue  life  of  a  tapered  roller  bearing.  For 
the  complete  detailed  analysis  and  development  of  the  equa¬ 
tions,  refer  to  the  appendix.  The  following  is  a  summary  of 
the  work  completed  in  the  analytical  investigation. 


DEVELOPMENT  OF  INTERNAL  GEOMETRY  OF  TAPERED  ROLLER  BEARINGS 

The  appendix  describes  the  basic  principles  of  the  tapered 
roller  bearing  and  defines  several  geometry  relationships 
which  are  used  in  later  portions  of  the  anc  'is.  The  prin¬ 
ciple  of  the  tapered  roller  bearing  consists  >,  -’-'structing 
the  rolling  elements  and  raceways  so  that  the  ape.  s  of  the 
tapered  surfaces  meet  on  a  common  axis.  This  construction 
insures  true  rolling  motion  on  the  raceways  and  also  provides 
the  capability  of  reacting  combined  radial  and  thrust  "loading 
which  must  be  reacted  in  supporting  spiral  bevel  gears.  The 
only  contact  area  that  does  not  have  rolling  action  is  the 
roller-end/flange  contact.  The  equations  shown  in  the  appendix 
help  to  define  the  geometric  relationships  of  a  tapered  roller 
bearing. 


ROLLING  ELEMENT  KINEMATIC  ANALYSIS 

The  kinematic  relationships  of  a  tapered  roller  bearing  are 
very  important,  in  understanding  the  velocities  and  motions 
which  help  determine  other  parameters  such  as  oil  film  thick¬ 
ness,  fatigue  life  and  speed  effects.  The  kinematic  analysis 
developed  in  this  program  neglected  EHD  and  sliding  effects 
and  assumed  sufficient  applied  load  to  insure  pure  rolling 
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motion  on  the  raceways-.  The  equations  were  developed  for 
cage  speed,  angular  velocities  of  the  rolling  element,  linear 
and  sliding  velocity  of  the  flange  at  the  roller-end  contact 
and  the  entraining  velocities  of  the  roller-end/flange  and 
raceway.  These  equations  were  developed  for  the  cases  of 
both  inner  and  outer  race  rotation  and  the  flange  located  on 
either  the  cone  or  cup.  The  kinematic  relationships  developed 
are  shown  in  the  appendix. 


ROLLING  ELEMENT  LOAD  ANALYSIS 

A  load  analysis  was  conducted  on  a  single  roller.  The  goal 
of  the  analysis  was  to  understand  the  loads  such  as  cen¬ 
trifugal  force,  gyroscopic  moment,  raceway  load  and  flange 
reaction  load  which  were  reacted  by  a  single  roller.  The  most 
critical  load  reaction  point  of  a  roller  is  at  the  cone  rib 
flange.  In  order  to  predict  the  contact  stress  and  oil  film 
thickness,  it  is  essential  to  know  how  the  roller  loads  are 
reacted  in  the  cone  rib  flange  area.  In  addition  to  the 
roller  load  reaction,  the  development  of  an  equation  to  pre¬ 
dict  the  declutching  thrust  is  provided  in  the  appendix. 
Declutching  thrust  is  essential  to  establish  a  minimum  load 
requirement  necessary  to  keep  the  cup  and  cone  assembly  from 
separating  axially  due  to  the  roller  centrifugal  force. 


LUBRICANT  FILM  THICKNESS  ANALYSIS 

The  roller-end  cone/flange  contact  area  is  the  most  critical 
contact  zone  in  a  high-speed,  tapered  roller  bearing.  The 
contact  is  pure  sliding  between  the  roller  end  and  cone  flange 
and  the  geometry  of  this  contact  must  be  optimized  to  provide 
an  adequate  oil  film  thickness  which  would  preclude  metal-to- 
metal  contact.  Analyses  were  conducted  to  establish  the  re¬ 
lationship  and  effects  of  various  parameters  such  as  load, 
entraining  velocity,  contact  curvature  radii  and  lubricant 
viscosity  on  the  generation  of  an  oil  film.  Included  in  the 
appendix  are  the  equations  for  determining  the  oil  film  thick¬ 
ness  at  both  the  cup  and  cone  roller  contact. 


CONE  RIB  (FLANGE)  CONTACT  STRESS 

In  addition  to  being  a  very  critical  area  for  oil  film  gener¬ 
ation,  the  roller-end  cone/flange  contact  must  also  be 
analyzed  for  contact  stx-ess.  Under  no  load,  the  contact  of 
the  roller  end  and  cone  rib  flange  is  a  point;  however,  under 
load  the  contact  point  spreads  out  elliptically .  Accurate 
predictions  of  contact  area  size  and  the  stress  and  location 
of  the  contact  area  on  the  f.!ange  are  critical.  The  contact 
area  can  be  drastically  changed  by  variation  of  the  roller-end 
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spherical  radius  and  the  flange  angle.  The  equation  necessary 
to  calculate  the  dimensions  of  the  contact  ellipse#  deflection 
of  the  contact  point  and  the  maximum  compressive  stress  is 
given  in  the  appendix. 


CONE  RIB  SCORING  ANALYSIS 


The  predominant  mode  of  failure  of  high-speed,  tapered  roller 
bearings  is  scoring  at  the  roller-end/flange  contact.  Scoring 
failure  is  the  momentary  welding,  tearing  apart  and  smearing 
of  the  contact  surfaces  due  to  a  breakdown  of  the  lubricant 
film.  This  breakdown  can  be  the  result  Of  either  insufficient 
oil  supply  or  excessive  heat  generated  by  the  pressure  and 
sliding  in  the  contact  area.  This  mode  of  failure  is  very 
similar  to  scoring  experienced  in  heavily  loaded,  high  speed 
gears.  Therefore,  the  flash  temperature  theory  was  applied  to 
the  analysis  of  the  roller-end/flange  contact  zone.  An  analy¬ 
sis  was  developed  based  on  the  theory  of  what  determined  the 
temperature  rise  in  the  contact  zone.  Several  assumptions 
were  made  to  calculate  the  flash  temperature.  Details  of  the 
assumptions  and  analysis  are  included  in  the  appendix. 


CONE  RIB  LUBRICANT  TRAJECTORY  ANALYSIS 

As  the  speed  of  a  tapered  roller  bearing  increases,  the  effect 
of  centrifugal  force  on  the  oil  passing  through  the  bearing 
makes  it  very  difficult  to  maintain  an  adequate  supply  of  oil 
at  the  roller-end  cone/flange  contact.  High  speed  photographs 
have  shown  oil  starvation  in  this  area  when  speeds  exceed 
10,000  fpm.  In  order  to  insure  an  adequate  supply  of  oil,  a 
secondary  source  of  lubricant  through  radial  holes  in  the  cone 
at  the  flang  ndercut  has  been  evaluated  and  proved  to  reduce 

the  hazard  c  coring.  Testing  has  shown  that  the  number  of 

holes  and  design  of  the  hole  arrangement  have  a  significant 
influence  on  the  operation  of  high  speed  bearings.  An  analy¬ 
sis  was  developed  which  provides  a  method  for  predicting  the 
trajectory  of  the  oil  stream  leaving  the  lube  holes,  the 
velocity  of  the  oil,  and  area  of  the  flange  covered  by  each 
oil  stream. 

The  analysis  established  a  ratio  of  the  angular  spacing  of  the 
radial  lubrication  holes  to  the  angular  coverage  of  the  oil 
stream  on  the  cone-rib  flange  surface.  This  ratio  can  be  used 
t.o  evaluate  the  effectiveness  of  the  second  lube  source  to 
provide  adequate  lubrication  to  the  rol.ler-end/f lange  contact. 
Details  of  the  analysis  are  presented  in  the  appendix. 
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•BEARING,  FATIGUE.  LIFE  ANALYSIS 


The  .data  presented  in  the  appendix  include  the  equations 
necessary  to  establish  a  system,  analysis  of  high-speed, 
tapered  roller  bearings.  These  equations  can  be  incorporated 
into  a  bearing  computer  program  and  therefore  will  provide  the 
means  to  determine  the  applied  load  of  a  system,  of.  bearings 
arid  also  determine  the  internal  load  distribtuion  for  each 
bearing.  Methods  for  incorporating  shaft  flexibility  and 
initial  displacement  of  bearing  rings  are  included  in  this 
analysis-..,  Fatigue  life  is  calculated  in  accordance  with  the 
Lundberg-Palmgrem  statistical  theory  of  rolling-element  bear¬ 
ing  fatigue.  The-  lines,  of  the  outer  and  inner  contacts  are 
evaluated  separately  and'  then  statistically  combined  to  give 
the  life  of  the  complete  bearing. 


EXPERIMENTAL  INVESTIGATION 


TEST  SPECIMEN  DESCRIPTION 
Test  Specimen  Bearings 

Thirty-six  6500-series  bearings  were  fabricated  to  Timken 
Modified  Code  436  (see  Figure  6 ) . 

,  •  Cone  Bore  -  3.500.  Inches 

•  Outside  Diameter  -  6.375-  Inches 

9  Width  -  2.170  Inches 

Twenty-four  of  these  bearings  were  tested  with  eighteen  0.052- 
inch-diameter  holes  through  the  large  rib  undercut  to  the 
backface  chamfer  oil  manifold  (see  Figure  7) . 

Twelve  bearings  were  tested  with  twenty-four  0.043-inch- 
diameter  holes  through  the  large  rib  undercut  to  the  backface 
chamfer  oil  manifold  (see  Figure  8) . 

Additional  modifications  to  these  bearings  are  listed  in 
Table  II  . 

The  silver  plating  used  in  this  program  to  plate  the  cages 
was  applied  according  to  Federal  Specification  QQ-S-365a. 

The  plating  is  Type  II  Grade  B  with  a  matte  finish.  The 
first  4  bearing  cages  were  processed  with  a  tin  strike  before 
silver  plating  to  a  0.001-inch  thickness.  The  remaining 
cages  were  processed  with  a  nickel  strike  and  a  silver  strike 
before  silver  plating  to  a  0.001-inch  to  0. 002-inch  thick¬ 
ness  . 

Four  bearing  cages  were  brass  plated.  The  brass  plating  was 
a  70-percent  copper,  30-percent  zinc  solution  processed 
until  a  plating  from  0.001-inch  to  0.002-inch  thick  was 
obtained. 

Figures  9  through  12  are  photographs  of  typical  new  bearing 
configurations.  Figure  13  is  an  example  of  cage  flaring. 

Fail-Safe  Test  Specimen  Bearings 


Four  6500-series  bearings  were  modified  with  various  fail-safe 
materials  to  evaluate  their  performance  under  lubricating 
oil -on  and  oil -off  conditions.  Table  III  describes  the  fail¬ 
safe  bearings  that  were  tested.  Figures  14  through  16  are 
assembly  drawings  of  these  bearings.  These  bearings  were 
tested  with  machined  race/guided  centerline-contact  cages. 
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Cone  P/N  6580 


24  Holes,  0.043  in.  Dia, 
lar  to  chamfer,  opening 
lief 

is'ic  Rating  @  500  RPM 
^"Radial  16,000  Lb 
Thrust  11,000  Lb 
3nensions  are  given  in  inches 


|en  Bearings  per  Timken 


1.  Material:  Consumable  Electrode  Vacuum  Melt  Electric 

Furnace  Modified  SAE  4620  Steel. 

2.  Rolling  contact  surface  hardness  58  to  63  Rockwell  C. 

3.  100%  Standard  double  etch  all  over  to  detect  grinding 
burns. 

4.  Race  to  be  honed  to  8-  microinches. 

5.  Class  and  Code  No.  7-227  to  be  etched  on  the  part. 

6.  Bare  cone  100%  visual  inspected  for  undesirable  surface 
defects  -  No  defects  allowed. 

7.  All  cones  checked  for  minimum  hardness  on  either  face. 

8.  Roller  spherical  end  contact  with  cone  large  rib  face 

flat  -  middle  contact  (must  be  blue  checked  on  every 
bearing) .  - 

Cup  ”/N  6535 

1.  Material:  Consumable  Electrode  Vacuum  Melt  Electric 

Furnace  Modified  SAE  4620  Steel. 

2.  Rolling  contact  surface  hardness  58  to  63  Rockwell  C. 

3.  100%  Standard  double  etch  all  over  to  detect  grinding 
burns . 

4.  Race  to  be  honed  to  8  microinches. 

5.  Class  and  Code  No.  2-436  to  be  etched  on  the  part. 

6.  Cup  100%  visual  inspected  for  undesirable  surface  defects 
No  defects  allowed. 

7.  All  cups  checked  for  minimum  hardness  on  either  face. 

Rollers  P/N  6003  (19  per  Cone) 

1.  Material:  Consumable  Electrode  Vacuum  Melt  Electric 

Furnace  Modified  SAE  4620  Steel. 

2.  Rolling  contact  surface  hardness  58  to  63  Rockwell  C. 

3.  Roller  radii  tumble  polished  after  grinding. 

4.  Sample  lots  to  be  standard  double  etched  to  detect 
grinding  burns  -  Samples  to  be  scrapped. 

5.  Roller  body  crowned  radius  400  to  600  inches. 

6.  Roller  body  honed  to  8  microinches. 

7.  Rollers  100%  visual  inspected  for  undesirable  surface 
defects  -  No  defects  allowed. 

8.  Roller  spherical  end  radius  -  75%  to  80%  of  apex  length. 
Roller  spherical  end  finish  -  6  microinches  maximum. 

Cage  P/N  6512 

1.  Material:  HRLC  Steel  Deep  Drawing  Quality  P  &  0. 

2.  100%  Visual  inspected  for  defects. 

3.  Cage,  cone,  and  rollers  to  be  nonseparable  after  cage  is 
closed  in. 

4.  Cage  modification  -  Vapor  blast  cage  to  clean  rather  than 
shot  blasting  or  tumbling  to  preserve  finish  obtained  in 
winging  (coining)  operation*  Use  special  handling  to 
prevent  distortion  or  nicking  damage  to  cage. 
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3760  Diameter 
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Roller 


EX10738C 


EX10738D 


0.4375 


Cage 


Gone 


oles  (0.052  Diameter) 
Spaced  Through  Large 
rcut  Backface  Chamfer 


SMS 


To  Clear  0.13 
Maximum  Fillet- 
Radius 


EX10738D 


0.4375 


24  Oil  Holes 
(0.043  Diameter) 
Equally  Spaced 
Through  Large 
Rib  Undercut 
Backface  Chamfer 


Figure  8.  Test  Bearing  Design  With  24  Oil  Holes, 
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Radial  Lubricating 
Oil  Holes 


18  Radial  Lubrication  Holes 

Roller  Spherical  End  Radii  -  80  Percent  Apex  Length 
Cage  -  Phosphate-Coated  Stamped  Steel 


Figure  9  .  Typical  New  Bearing. 


18  Radial  Lubrication  Holes 

Roller  Spherical  End  Radii  -  80  Percent  Apex  Length 
Cage  -  r.ilver-Plated  Stamped  Steel 


Figure  10.  Typical  New  Bearing. 


18  Radial  Lubrication  Holes 

Roller  Spherical  End  Radii  -  80  Percent  Apex  Length 
Cage  -  Brass-Plated  Stamped  Steel 


Figure  11.  Typical  New  Bearing. 


Figure  13.  Flared  Cage  Design  to  Relieve  Body  Contact  at 
Roller  Large  End. 
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18  Oil  Holes  (0.052  Diameter) 
Equally  Spaced  Through  Large 
Rib  Undercut  Bachface  Chamfer 


Figure  14.  Fail-Safe  Bearing  Design  With  Rib  Insert 
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Figure  16.  Fail-Safe  Bearing  Design  With  Borkote  Rib 


This  type  of  cage  was  chosen  to  facilitate  inserting  a  fail¬ 
safe  material  between  each  roller  for  Oil-off  operation. 

The  Vespel  SP-21  material  used  for  the  fail-safe  rib  inserts 
was  purchased  from  the  E.  I.  DuPont  De  Nemours  and  Company, 

Iric.  Vespel  SP-21  is  a  polyimide  resin  composite  material 
containing  15  percent  graphite  oy  weight.  Scotch-Weld 
Structural  Adhesive  2216  B/A  and  2214  (Hi-Temp)  recommended 
by  DuPont  were  used  to  bond  the  rib  inserts  to  the  cones. 

The  T-400  alloy  made  by  the  DuPont  Company  contains  hard 
grains  of  an  intermetallic  compound  of  a  Laves  Phase  (LP) 
structure  dispersed  in  a  softer  matrix.  T-400  is  composed 
of  62  percent  cobalt,  28  percent  molybdenum,  2  percent 
silicon,  and  8  percent  chromium.  The  T-400  was  hot  con- 
splidated  into  a  ring  by  Principio  Alloys  Division  of  Wheeling- 
Pittsburgh  Steel  Corp.,  Columbus,  Ohio.  (Hot  consolidation 
is  a  Principio  patented  process.)  This  ring  was  then  high- 
temperature  brazed  onto  a  4720  steel  separable-rib  ring. 

The  T-400  and  4720-steel  rings  were  oil  quenched  at  1400°F 
in  the  brazing  process.  The  brazing  compound  (AMI  915)  was 
made  by  Alloys  Metals,  Inc.,  Dearborn,  Michigan.  Four 
1/16-inch  x  1/16-inch  x  0.002-inch  shims  were  used  between 
the  T-400  ring  and  the  steel  ring  for  capillary  action. 

Borkote  is  a  boronizing  process  developed  by  Atlantic  Advanced 
Metals,  Inc.,  Woburn,  Massachusetts.  It  produces  a  hardened 
case  on  various  ferrous  and  nonferrous  materials.  The 
Borkote  was  applied  by  Principio  Alloys  Division.  The 
Borkote  was  applied  to  1050  steel  separable  ribs  at  1550°F 
and  allowed  to  air  cool.  The  Timken  Company  finish-ground 
the  ribs  before  the  Borkote  treatment. 

The  4320-steel  rollers  to  be  Borkote-treatod  were  first 
processed  by  Timken  as  follows: 

0  Carburized  at  1750°F 

0  Oil  Quenched 

0  Austenitized  1525°F  Oil  Quenched 
0  Body  Rough  Ground 

0  Roller  Spherical  End  Radius  Finish-Ground 
Principio  then  processed  them  as  follows: 
o  Austenitized  in  Borkote  at  1525°F 
©  Oil  Quenched 

©  Tempered  at  360°F  for  2  Hours 
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After  the  Bcrkote  process,  Timken  finish-ground  the  roller 
body.  It  was  discovered  that  the  rollers  became  barrel 
shaped  in  the  Borkote  process.  The  roller  spherical-end 
radius  was  then  reground  with  a  minimum  of  stock  removal. 

A  metallurgical  check  showed  that  the  Borkote  was  then 
from  0.0  to  0.0005  inch  deep. 

The  machined  race-guided  centerline-contact  cages  were  made 
from  1010  steel.  Principio  Borkote -treated  them  as  follows: 

•  Austenitised  in  Borkote  at  1550°F  to  1600°F 

•  Air  cooled 

The  fail-safe  bearing  configurations  are  shown  in  Figures  17 
and  18. 


TEST  PROCEDURE 


In  order  to  determine  the  influence  of  various  bearing  design 
factors  on  performance,  this  program  evaluated  parameters 
such  as  roller  spherical-end  radius,  cage  plating  materials, 
cage  clearances,  oil  distribution  at  the  cone  rib  interface, 
surface  finish,  and  oil  flow  rates. 

All  tests  were  conducted  by  performing  rotating-load  testing 
in  a  high-speed  test  machine  with  a  40-horsepower  variable- 
speed  DC  gear  motor.  During  the  testing,  instrumentation 
was  provided  for  obtaining  critical  parameters  such  as 
temperature,  friction  torque,  and  oil  flows.  The  testing 
was  conducted  in  accordance  with  the  flow  chart  shown  in 
Figure  19  under  the  following  stabilized  conditions: 


• 

Speed 

5000  to  16,000 

rpm 

• 

Load 

Thrust  5500  lb 

Radial  7500  lb 

• 

Oil  Inlet  Temperature 

156°F  +  5°F 

Lubricant  MIL-L-7808 

e  Oil  Flow  Rates  Large  end  4-0  Pints/Minute 

Small  end  4-0  Pints/Minute 

The  optimum  flow  rate  was  established  on  the  basis  of  mini¬ 
mum  flow  requirements  and  temperature  stabilization. 
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Machined  Race  Guided 

Centerline  Contact  Cage  Cup  Ring 


Borkote -Treated  Cage  Tested  With  Cone  Having  a  Vespel  SP-21 
Rib  Insert,  Standard  Rollers,  and  Borkote-Treated  Cone  Rib 
and  Roller  Ends. 


Figure  17.  Typical  New  Fail-Safe  Bearing. 


For  the  oil  flow  variation  tests,  temperature  and  torque  were 
recorded  when  conditions  leveled  off.  The  speed  was  in¬ 
creased  until  a  maximum  of  16,000  rpm  was  reached,  or  until 
bearing  failure  occurred.  All  conditions  were  stabilized 
for  a  minimum  of  2  hours.  If  no  failure  occurred,  running 
at  16,000  rpm  was  continued  and  the  oil  flow  was  varied. 

The  system  was  then  stabilized  at  each  new  flow  rate  or  a 
failure  point  was  determined. 

The  following  data  was  recorded  for  each  test: 

•  Outer  Race  Temperature 
•Oil  Flow 

•  Oil  Inlet  Temperature 

•  Oil  Outlet  Temperature 

•  Condition  of  Bearing  at  Completion  of  Testing 

•  Friction  Torque 

•  Speed 

•  Load 

After  each  variable  was  evaluated,  an  optimum  value  was 
established  for  this  parameter  and  maintained  for  the  con¬ 
tinuation  of  the  program. 

The  verification  testing  was  conducted  in  the  same  manner 
as  the  previous  testing?  however,  the  following  optimum 
design  and  operating  parameters  were  utilized: 

•  Twenty-Four  Cone-Rib  Lub  Holes 

•  Eighty  Percent  Roller  Spherical-End  Radius 

•  Finish  of  8  Microinches 

•  Silver-Plated  Cage 

•  Oil  Flow  Rates  of  4  Pints/Minute  at  the  Large  End  and 
2  Pints/Minute  at  the  Small  End 

In  addition,  verification  tests  were  run  at  80  percent  and 
60  percent  of  the  basic  load  (7500  lb  radial  and  5500  lb 
rhrust)  with  the  optimized  design  and  operating  parameters 
listed  above. 


40 


tjKn^r  ~— v~ 


«r^«=  rr-fe^S'  *  ■&&  " 


Instrumentation  was  provided  to  obtain  adequate  data  (such 
as  temperatures  and  power  consumption)  and  to  accurately 
evaluate  the  performance  of  each  bearing.  Each  test  bearing 
was  visually  examined  after  completion  of  testing  to  deter¬ 
mine  any  evidence  of  wear  or  damage.  Each  new  bearing 
design  was  photographed  before  and  after  every  test. 

Calibration  of  test  and  measuring  equipment  was  in  accordance 
with  MIL-L-45662A  in  the  performance  of  all  testing. 


TEST  APPARATUS  AND  TECHNIQUE 

Figures  20  through  23  are  photographs  of  the  test  machine. 

The  bearings  are  driven  by  a  40-horsepower  variable-speed 
DC  gear  motor. 

Figure  24  is  a  cross  section  of  the  test  machine  housing. 
Figure  25  is  a  schematic  diagram  showing  the  bearing  mounting, 
loading,  and  lubricating  system. 

The  manifold  projecting  into  the  hollow  shaft  discharges 
oil  through  orifices  located  axially  in  line  with  the  radial 
holes  in  the  shaft.  There  are  two  3/16-inch  radial  holes 
through  the  shaft  at  each  bearing  position.  The  dams  lo¬ 
cated  between  each  bearing  position  along  the  length  of  the 
shaft  serve  to  assure  an  equal  distribution  of  lubricating 
oil  to  the  four  bearings.  The  cone  backface  chamfer  (oil 
manifold)  collects  the  oil  and  distributes  it  to  the  radial 
holes  in  the  cone  to  lubricate  the  cone  rib  and  roller 
ends  (see  Figure  26).  Three  0.040-inch  jets  located  at  the 
small  end  of  the  bearing  120  degrees  apart  discharge  the  oil 
underneath  the  cage  to  lubricate  the  cage  roller  body  contact 
and  inner  and  outer  race.  The  oil  flow  rate  supplied  to  each 
bearing  was  calibrated  by  collecting  the  oil  with  a  graduated 
measuring  cup  while  being  timed  with  a  stopwatch.  The  oil 
flow  rate  was  recorded  on  a  strip  chart  and  could  be  read 
directly  from  a  digital  counter.  In  addition,  each  orifice 
on  the  manifold  projecting  into  the  hollow  shaft  was  sized 
and  calibrated  to  assure  an  equal  amount  of  oil  supplied 
to  each  bearing. 

The  bearing  cup  OD,  oil  inlet,  oil  outlet,  and  ambient  air 
temperatures  were  measured  by  strategically  located  fchero- 
couples.  Each  thermocouple  was  calibrated  with  a  precision 
laboratory  thermometer.  The  temperatures  are  read  and 
recorded  on  a  strip-chart  recorder. 

The  test  housing  was  mounted  on  a  Lebow  Model  2230-101  torque 
table  with  1,000  lb-in.  rated  capacity  to  measure  and  record 
the  torque  of  the  bearing  system  and  to  provide  a  means  for 
detecting  initiation  of  any  damage  to  the  bearings.  Before 
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igure  20 .  High-S^eed  Bearing  Test. Machine 


ae  22  -  40-Horsepower  Variable-Speed  DC  Gear  Motor. 


i 


I 

Oil  Plow  and  Radial 
Thrust  Load  Recorder 


Figure  23.  Control  and  Data  Recording  Panel. 
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Figure  24.  Full-Size  Subassembly  Bearing  High-Speed  Test 
Using  Hollow  Shaft. 
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each  day’s  run.,  the  torque  table  was  calibrated  with  dead 
weights . 

In  this  test  program,  four  bearings  were  run  at  a  time.  The 
center  two  bearings  were  used  to  apply  the  radial  load  to 
the  outer  two  bearings  (see  Figure  25  ) .  The  outer  two  test 
bearings  were  run  under  a  combination  of  radial  and  thrust 
loads.  The  center  loading  (radially  loaded  only)  bearings 
were  not  changed  each  time  a  test  was  completed. 

The  thrust  load  applied  to  the  outer  bearings  was  measured 
by  a  Lockheed  Model  No.  1552  load  cell.  Belleville  springs 
were  used  to  apply  the  load.  The  thrust  load  cell  was  cali¬ 
brated  with  a  Baldwin  Universal  Testing  Machine  with  a 
120 ,000-pound  capacity. 

The  radial  load  applied  to  the  inner  bearings  was  measured 
by  pressure  gages.  A  Miller  hydraulic  cylinder,  Model  No. 
H82,  was  used  to  apply  the  load  to  the  cup  (outer  race) 
adapter  of  both  center  loading  bearings.  The  radial  load 
pressure  gages  were  calibrated  with  a  master  pressure  gage. 

The  bearing  lubrication  system  is  equipped  with  a  heat  ex¬ 
changer  to  control  the  inlet  oil  temperature  at  a  given  value 
and  with  flow  controls  capable  of  maintaining  any  desired 
flow  rate. 

Four  55-gallon  drums  of  MIL-L-7808G  (Stauffer  Chemical 
Company)  were  used  in  this  test  program.  All  four  drums  are 
identified  as  follows: 

LGT 

Lube  Oil  AGFT 
Turb.  Engine 
Synthetic 
MIL-L-7808G 
9150-782-2679 

Nov.  69  Lot  27 
DSA  600-69-C-1722  Qual.  18C-3 


TEST  RESULTS 


Bearings  tested  and  documented  during  this  program  totalled 
40;  28  bearings  were  used  to  optimize  critical  parameters  and 
8  were  tested  to  verify  the  results  of  the  optimization  tests. 
An  additional  4  bearings  were  used  to  conduct  the  evaluation 
of  several  fail-safe  bearing  configurations.  The  results  of 
these  tests  are  documented  in  the  following  sections. 
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Optiroiz^tidn  Testing 

Testing  was  .conducted  on  a  total  of  28  bearings  in  order  to 
-cpgisi&.ze  the  essential  parameters  to  provide  satisfactory 
operation  ox  a  tapered  roller  bearing  at  20,000  fpm.  Prior  to  - 
testing;  of  each  bearing,  a  detailed  inspection  and  dimension¬ 
al  check  were  conducted.  Results  are  shown  in  Table  IV. 

Also  include d  in  this  table  are  several  after-test  dimensional 
checks  which  were  used  t~>  evaluate  the  performance  Of  the 
bearing. 

The  results  of  the  testing  of  the  above  28  bearings  are  sum¬ 
marized  in  Table  II .  The  table  shows  the  various  parameters 
which  were  investigated,  operating,  oil  flow  rates,  bearing 
temperature,  oil  outlet  temperature,  and  operating  torque 
of  all  four  bearings  on  the  test  shaft.  The  data  shown  on 
this  table  is  for  stabilized  operating  conditions  which 
required  approximately  2  hours  of  running  time  at  each  test 
condition. 

The  following  paragraphs  discuss  the  various  parameters  which 
were  investigated  and  evaluate  the  test  results  shown  in 
Tables  II  and  IV. 

Bearing  Element  Failure  Modes 

Optimization  testing  conducted  in  this  program  was  not 
directed  toward  evaluating  long-endurance  operation  or 
fatigue  life  of  a  tapered  roller  bearing.  It  was 
specifically  directed  toward  evaluating  the  oper.  ion 
of  several  critical  parameters  influenced  by  lubrication. 
All  failures  experienced  during  this  program  were  the 
result  of  surface  damage  occurring  on  one  or  more  of  the 
elements  of  the  bearing.  The  type  of  damage  that 
occurred  is  described  as  follows: 

•  Roller-end/cone-rib  scuffing  -  This  classification 
of  damage  was  the  most  severe  form  of  bearing 
failure.  Roller-end/cone-rib  scuffing  is  the 
result  of  lubrication  starvation  or  breakdown  at 
roller-end/rib  contact.  The  failure  results  in 
sufficient  increase  in  operating  torque  to  cause 
termination  of  testing.  A  typical  example  of  roller- 
end  scuffing  is  shown  in  Figure  27  • 

9  Cage  roller  pocket  wear  -  Cage  roller  pocket  wear 
is  associated  with  marginal  lubrication.  Severe 
cage  roller  pocket  wear  usually  occurred  at  very  low 
oil  flow  rates  to  the  small  end  of  the  bearing. 

This  uear  did  not  produce  any  noticeable  increase 
in  operating  torque  or  temperature.  Testing  could 
continue  with  this  mode  of  failure  until  cage 
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TABLE  IV.  SUMMARY  OF  BEFORE  AND  AFTER  TEST 
BEARING  INSPECTIONS 
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breakage  occurred*  No  cases,  of  cage  breakage  were 
recorded,  in  this  test  pfoctam.  A  typical  example 
of  cage  roller  pocket  wear  is  shown  in  Figure  28. 

•  Roller  body  s.cuffing  (pickup)  -  Roller  body  scuffing 
is  a  secondary  failure  of  cage  roller  pocket  wear. 

The  wear  particles  of  the  cage  material  are  trans¬ 
ferred  to  the  roller,  body'/,  producing  a  severe  wear 
pattern  on  the  roller  body.  This  damage  is  associ¬ 
ated  with  low  oil  flow  rates,  or  improper  cage  design. 
Testing  can  continue  with  idiis.  type  of -damage  without 
noticeable  increase  in  operating  torque  br  bearing 
temperature..-  A  , typical  example  of  roller  body 
scuffing  is  shown  in  -Figure  29 . 

•  Cone  raceway  and  roller  body  oil  staining-  -  The  most 
minor  form  of  bearing  distress  ..experienced  in  this 
program  was  a  form  of  oil  staining  on  the  cone 
raceway  and  roller  body.  The  oil  staining  was  the 
result  of  high  operating  temperatures  within  the 
bearing  which  produced  a  varnish  type  coating  on  the 
operating  surfaces.  This  type  of  distress  is  a  good 
indication  of  possible  surface  damage  and  early 
fatigue  damage  due.  to  high  operating  temperatures  and 
lubrication  breakdown.  A  typical  example  of  raceway 
and  roller  staining  is  shown  in  Figure  30 . 

Oil  Flow  Rates 


Figure  31  is  a  graph  showing  the  shaft  speed  versus  the 
bearing  cup  temperature  and  total  torque  of  the  four- 
bearing  system  from  Test  1*  Cup  temperature  and  torque 
data  points  were  recorded  in  1000-rpm  increments  from 
5000  to  16,000  rpm.  Figure  32  shows Athe  condition,  of  the 
bearing  after  completion  of  this  test\ 

Figures  33  through  36  are  graphs  showing  oil-flow  rates 
versus  bearing  cup  temperatures  and  torque  for  Tests  1, 

3f  7,  and  11.  In  these  tests,  the  oil-flow  rate  to  the 
small  end  was  varied,  while  the  rate  to  the  large  end 
through  the  radial  holes  was  held  constant.  From  these 
graphs ,  a.n  oil-flow  rate  of  2  pints/minute  to  the  small 
end  of  the  bearing  was  chosen  as  the  optimum. 

Figures  37  through  39  are  graphs  showing  oil-flow  rates 
versus  cup  temperatures  and  torque  for  Tests  8,  12,  and  17. 
In  these  tests,  the  oil-flow  rate  through  the  radial  holes 
was  varied,  while  the  rate  to  the  small  end  of  the  bearing 
was  held  at  a  constant  2  pints/minute.  From  these  graphs, 
an  optimum  oil-flow  rate  of  4  pints/minute  through  the 
radial  holes  in  the  cone  and  2  pints/minute  to  the  small 
end  was  chosen. 
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Preceding  pige  blank 


Cone -Rib  Scuffing 


Figure  27.  Typical  Roller-F,nd/Cone-Rib  Scuffing. 


Cage  Pocket  Wear 


Figure  28.  Typical  Cage  Roller  Pocket  Wear 


Roller  Body  Scuffing 


Figure  29.  Typical  Roller  Body  Scuffing. 


Oil  Stain 


Figure  30 .  Typical  Cone  Raceway  and  Roller  Body  Oil  Staining 
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Radial  Lubricating 
Oil  Holes 


Bearing  83031-1,  Test  1,  Running  Time  10  Hours  at  16,000  rpm 
Oil  Flow  Rates  as  Low  as  4  Pints/Minute  Large  End  and  Nc  Flow 
to  the  Small  End 


Figure  32.  Undamaged  Bearing  After  Test 
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Temperature 
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Shaft  Speed  -  16,000  rpm 
Load  -  7500  lb  Radial,  5500  lb  Thrust 
Lubricating  Oil  -  MIL-L-7808G 
Inlet  Oil  Temperature  -  165°F 


Oil  Flow  Rate  -  Large  End/Small  End  (Pints/Min.) 


Figure  33  .  Torque  and  Temperature  Versus  Oil  Flow  Rate 
(Test  1,  Bearing  1). 
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Temperatut© 


Shaft  Speed  -  3.6,000  rpm 

Load  -  7500  lb  Radial,  5500  lb  Thrust 

Lubricating  Oil  -  MIL-L-7808^ 

Inlet  Oil  Temperature  «  ].65°F 


Oil  Flow  Rate  -  Large  End/Small  End  (Pints/Min.) 


Figure  35.  Torque  and  Temperature  Versus  Oil  Flow  Rate 
(Test  7,  Bearing  13) . 


Total  Torque 


Cup  Temperature  (°F) 


Shaft  Speed  -  16.,  000  rpm 

Load  -  7500  lb  Radial,  5500  lb  Thrust-  120 
Lubricating  Oil  -  MIL-L-7808G 
Inlet  Oil  Temperature  -  165°F 


Oil  Flow  Rate  -  Large  End/Small  End  (Pints/Min.) 


Figure  36.  Torque  and  Temperature  Versus  Oil  Flow  Rate 
(Test  11,  Bearing  21) . 


Total  Torque  (lb-in. 


Cup  Temperature  (°F) 


Figure  37.  Torque  and  Temperature  Versus  Oil  Flow  Rate 
(Test  8,  Bearing  15). 
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Total  Torque  (lb-in 


Shaft  Speed  -  16,000  rpm 
Load  -  7500  lb  Radial,  5500  lb  Thrust 
Lubricating  Oil  -  MIL-L-7808G 
Inlet  Oil  Temperature  -  165°F 


1 


66 


Table  II  lists  the  oil-flow  rates  used  in  each  test  with 
the  corresponding  level-off  condition  data  points  (such  as 
bearing  cup  temperature,  test  housing  surface  temperature,, 
and  total  torque  of  the  four-bearing  test  system) .  All  or. 
the  level-off  data  points  listed  in  this  table  were  re-* 
corded  after  running  at  least  2  hours  at  the  corresponding 
oil-flow  rate  test  parameters.  '  -  ; 

Roller  Spherical  End  "Radii 


Tests  3  and  4  (four  bearings)  were  conducted  with  roller 
spherical  end  radii  equal  to  70  percent  of  the  apex  length. 
Test  3  ran  at  16,000  rpir.  for  8  hours.  The  oil-flow  rate 
to  the  small  end  of  the  bearing  was  reduced  from  4  pints/ 
minute  down  to  1  pint/minute,  while  the  oil-flow  rate 
through  the  radial  holes  in  the  cone  remained  at  4 
pints/minute.  This  test  ran  for  5  minutes  at  16,000  rpm 
with  no  flow  to  the  small  end  and  4  pints/minute  through 
the  radial  holes  in  the  cone  before  one  of  the  bearings 
became  damaged  (see  Figure  40) .  The  torque  was  erratic 
during  the  acceleration  and  the  loading-up  period,  as 
shown  in  Figure  4] ,  as  well  as  throughout  the  remainder  of 
the  test.  Test  4  ran  at  16,000  rpm  for  2  hours  with  an 
oil-flow  rate  of  4  pints/minute  to  the  small  end  and  4 
pints/minute  through  the  radial  holes  in  the  cone.  While 
the  oil-flow  rate  to  the  small  end  of  the  bearing  was 
being  reduced  to  2  pints/minute,  one  of  the  bearings  be¬ 
came  damaged.  The  torque  on  this  test  was  erratic, 
similar  to  that  of  Test  3. 

Tests  5  and  6  with  spherical  end  radii  equal  to  60  percent 
of  the  apex  length  could  not  be  run  at  16,000  rpm.  In 
Test  5,  bearing  damage  occurred  at  15,000  rpm.  Test  6  ran 
for  30  minutes  at  16,000  rpm  before  bearing  damage  occurred. 
Both  tests  had  erratic  torque  characteristics.  Figure  42 
is  a  section  of  the  torque  chart  showing  the  erratic 
torque  in  Test  6. 

The  remainder  of  the  test  program  was  conducted  with 
bearings  with  the  roller  spherical  end  radii  equal  to 
80  percent  of  the  apex  length.  Figure  43  is  a  section  of 
torque-chart  paper  showing  typical  acceleration  torque 
characteristics  of  bearings  with  80  percent  rollers. 

Previous  Boeing-Ver tol  test  work  has  shown  that  rollers 
with  a  radius  greater  than  80  percent  of  the  apex  length 
do  not  perform  satisfactorily. 

Table  II  lists  the  roller  spherical  end  radius  for  each 
test  bearing  as  a  percent  of  the  apex  length. 


Bearing  Cage  Plating  and  Coating 

Tests  1  through  6  were  conducted  with  phosphate-coated 
cages  that  were  flared  to  relieve  roller  body  contact. 

Tests  7,  8  and  11  through  18  were  conducted  with  cages 
having  a  silver  plating  from  0.001-inch  to  0.002-inch 
thick.  In  Tests  9  and  10,  the  cages  had  a  brass  plating 
from  0.00 1-inch  to  0.002-inch  thick.  Both  the  silver- 
plated  and  phosphate-coated  cages  performed  satisfacto¬ 
rily  at  the  optimum  oil-flow. rate  of  4  pints/minute 
through  the  radial  holes  in  the  bearing  large  end  and  2 
pints/minute  flow  to  the  small  end.  In  tests  with  bear¬ 
ings  with  phosphate-coated  cages,  when  the  oil-flow  rate 
to  the  small  end  was  reduced  to  1  pint/minute  or  less, 
the  cage  pockets  wore  excessively,  and  the  roller  bodies 
hecame  scuffed.  Only  one  of  the  eight  bearings  with 
silver-plated  cages  that  were  tested  with  an  oil-flow 
rate  of  1  pint/minute  or  less  developed  excessive  cage 
wear  and  scuffing  of  the  roller  bodies  (see  Figure  43) . 

This  would  indicate  that  the  silver-plated  cage  should 
have  an  advantage  over  the  phosphate- coated  cage  in  a 
marginal  lubrication  situation.  Figure  44  shows  how 
the  silver  plating  separated  from  the  cage.  The  tin  strike 
that  was  applied  before  plating  melted  at  high  operating 
temperature  and  caused  this  separation.  This  problem 
was  solved  by  applying  a  nickel  strike  before  plating. 

Bearings  in  Tests  9  and  10  had  cages  that  were  brass 
plated  from  0.001-inch  to  0.002-inch  thick.  These  bear¬ 
ings  could  not  be  run  at  16,000  rpm;  however,  the  cages 
did  not  show  any  signs  of  damage  or  unusual  wear 
patterns.  It  is  suspected  that  the  18  radial  holes  from 
the  backface  chamfer  (oil  manifold)  to  the  rib  undercut 
are  not  adequate  for  a  good  distribution  of  oil  to  the  rib 
face  and,  therefore,  caused  these  bearings  to  become 
damaged . 

Surface  Finish 

Table  IV  lists  the  bearing  cone  rib  face,  cone  race, 
roller  body,  and  roller  spherical  end  radius  surface  fin¬ 
ish  measurements  before  and  after  testing.  The  bearing 
cone  race  and  rib  face  finish  measurements  as  shown  in 
Table  IV  were  taken  after  standard  double  etching.  They 
ranged  from  4  zo  18  microinches  (AA)  as  measured  by  a 
Brush-Instrument  Surfindicator ,  Model  No.  MS  1300-01. 

Cone  rib  face  traces  were  taken  on  cones  before  and  after 
standard  double  etching  by  a  Clevite  1200  Surfanalyzer 
System  (see  Figure  45) .  This  investigation  showed  that 
the  finishes  after  etching  were  twice  those  of  the  before- 
etched  cone.  A  fine  steel  wool  was  used  to  remove  the 
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Figure  45 .  Rectilinear  Traces  of  Cone  Rib  Face  Showing 
Surface  Finish. 


dark  residue  produced  by  the  standard  double  etching.. 

This,  reduced  the  surface,  finish  measurements,  by  3,7  percent. 
In  addition,  two  bearings  were,  run  in  the  test  machine 
for  5-  hours  at  is.,00.0  rpm,  under  7-500-ppurid  radial  and 
5 5 00 -pound  thrus.lt  load..  The-  rib  face  finishes  on  the 

2  bearings  before  test  were  10-  it o  13  and  13;  tp  19  micro- 
inches.  The  surface  finish  measurements  after,  test  were 

3  to  'l  and  3  to  9  microinches,  respectively. 

The  above  discussion  shows  that  the  rib  face  and  cone 
race  surface  finish  measurements  are,  in-  fact,  half  of 
those  shown  in  Table  IV. 

Cage  Design 

The  test  results  have  shown  no  apparent  difference  between 
cages  that  are  flared  to  relieve  roller  body  contact  (see 
Figure  13  )  and  standard  stamped-steel  cages.  Most  of 
the  tests  were  conducted  with  flared  cages.  Tests  10,  3.3, 
14,  17,  and  18  were  conducted  with  standard  stamped-steel 
cages.  None  of  the  standard  stamped-steel  cages  had 
excessive  wear  or  roller  body  scuffing  after  test.  The 
excessive  cage  wear  and  roller  body  scuffing  that  occurred 
in  bearings  with  flared  cages  were  caused  by  the  reduced 
oil-flow  rate  to  the  small  end  of  the  bearing. 

Tests  13  arid  17  were  conducted  with  standard  stamped-steel 
silver-plated  cages.  Bearings  from  Test  13  could  not  be 
run  at  16,000  rpm  successfully.  This  test  was  rerun 
three  times;  each  time  the  rib  of  the  damaged  bearing  was 
feground  and  new  rollers  were  used.  There. was  no  evidence 
that  the  standard  stamped-steel  cages  caused  the  bearing 
damage.  It  is  suspected  that  18  radial  holes  through  the 
cone  were  not  adequate  for  a  good  distribution  of  oil,  and 
this  caused  the  premature  failures.  Test  17  ran  satis¬ 
factorily  at  16,000  rpm. 


Number  of  Holes  Through  Cone 

Although  there  was  no  measurable  difference  between 
bearings  with  cone  designs  having  18  and  24  radial 
lubrication  holes,  the  occasional  cone-rib/roller-end 
scuffing  indicated  that  18  holes  were  n<?t  adequate  for 
good  distribution  of  the  lubricating  oil. 

Thirteen  of  the  twenty-four  bearings  with  18  radial 
holes  in  the  cone  were  damaged  during  testing.  Only  one 
of  the  12  bearings  with  24  radial  holes  in  the  cone  was 
damaged  during  testing.  There  is  no  apparent  explana¬ 
tion  for  this  failure,  since  the  lamaining  11  bearings 
ran  well. 


Verification '  Tes  ting 

Full  Radial,  and  Thrust, Load  Tests 

Tests  14,  15.7  16,  ana  IB  were  run  with  optimized  param¬ 
eters  as  verification  tests.  These  tests  were  run  at 
16  >,000  rpm  for  24  ;hours  with  4  pints/minute  oil  flow 
through  24  radial  holes-  in  the  cone  and  2  pints/minute 
oil  flow  to  the.  small  end  of  the  bearing.  The  applied 
external  load  was  7500_  pounds  radial  and  5500  pounds 
thrust.  The  bearings  had  rollers  with  spherical  end 
radii  equal  to  80  percent  of  the  apex  length.  Tests  14 
and  18  were  run  with  bearings  having;  silver-plated  stand¬ 
ard  stamped-steel  cages,  and  Tests  15  and  16  had  bearings 
with  cages  that  were  silver  plated'  and  flared. 

Bearing  30  from  Test.  16  was  damaged  before  reaching 
16,000  rpm.  Bearing  34  from  Test  16  was  later  tested 
_ with  ..bearing  35  fgon)  Test  18;  therefore,  bearing  35 
accumulated  48  hours  by  the  conclusion  of  this  test 
program . 

Reduced  Radial  and  Thrust  Load  Tests 


The  bearings  that  were  tested  with  reduced  radial  and 
thrust  loads  were  run  after  the  completion  of  two  of 
the  24-hour  full-load  verification  tests  (Numbers  15  and 
18).  At  the  end  of  these  two  tests,  the  bearings  were 
disassembled  and  inspected  before  reinstalling  for  the 
reduced  load  testing.  The  80  percent  load  tests  were 
run  for  8  hours  at  16,000  rpm  with  the  optimum  oil-flov» 
rate  of  4  pints/minute  througi  the  cone  and  2  pints/ 
minute  to  the  small  end. 

The  bearings  tested  under  60  percent  of  the  radial  and 
thrust  load  became  damaged  upon  reducing  the  loads  to 
60  percent.  This  damage  would  not  occur  in  an  actual 
application.  Table  V  is  an  analysis  of  the  loading  on 
the  6500-series  bearing.  Due  to  the  design  of  this  type 
of  test  machine  (Figure  46)  where  the  external  thrust 

load  is  applied  through  the  cup  or  outer  race,  it  must 

be  greater  than  the  internal  load  due  to  centrifugal 
force,  plus  the  induced  thrust  reaction  from  the  radial 
load.  Otherwise,  the  internal  loads  will  back  out  the 
external  thrust  loading  device  and  unseat  the  bearings. 

This  is  not  the  case  in  the  normal  gearbox  application, 

where  the  cone  is  fixed  on  the  shaft  and  the  cup  is  fixed 
in  a  housing  to  resist  the  separating  force  of  the  inter¬ 
nal  loads  and  cannot  be  backed  out  (see  Figure  47) . 
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Radial -Load -Only  Tests 

Bearing  83,031-RA  was  run  in  the  drive-end-center  radially 
loaded  position  and  accumulated  209  hours  during  this  test 
program.  Bearing  83031-RB  was  tested  in  the  opposite 
drive-ejidrcenter.  radially  loaded  position  and  accumulated 
60  hdutg  during  the  program. 

Fail-Safe  Testing 

Table  VI  is  a  summary  of  visual  inspections,  made  on.  the 
fail-safe  bearings  after  Test  19  and  20.  Figures  48 
through  51  show  the  after- test  condition  of  the  fail-safe 
bearings.  This  test  ran  for  15  minutes  at  9.000  rpm  before 
excessive  torque  caused  the  test  machine  drive  to  stop. 
Afivr  test,  inspection  showed  that  the  two  bearing  cones 
with  the  DuPont  Vespel  SP-21  rib  inserts  were  pitted.  One 
of  the  Vfispel  SP-21  rib  inserts  broke  loose  and  turned  on 
the  cone. 

The  bearings  with  DuPont  T-400  and  Borkote  applied  to  the 
cone  ribs  appeared  satisfactory  after  running  at  9000  rpm 
for  15  minutes.  There  was  gross  wear  on  the  large  end 
guiding  flange  of  the  centerline’  contact  cage  where  this 
flange  contacts  the.  bearing  cone  rib  outside  diameter. 

This  was  due  to  lubricant  starvation  in  this  area.  A  high 
speed  movie  plus  strobe-light  still  photographs  substanti¬ 
ated  the  lubricant  starvation  problem  (see  Figure  52) . 

The  two  bearings  with  the  T-400  and  Borkote  applied  to 
the  ribs  were  modified  by  drilling  four  radial  holes 
from  the  bearing  cone  backface  chamfer  to  the  bearing 
cone  large-end  rib  outside  diameter  to  lubricate  the  area 
where  the  cage  inside  diameter  contacts  the  cone  rib 
outside  diameter,  and  to  provide  an  oil  film  to  help 
center  the  cage.  One  of  the  cages  was  modified  to  in¬ 
clude  four  1/8-inch-radius  notches  filed  in  the  cage 
flange  inside  diameter  (see  Figure  53) .  These  bearings 
v/ere  tested  to  observe  the  cage  lubrication  at  various 
speeds  with  a  strobe  tachometer.  The  bearing  with  the 
1/8-inch-radius  notches  was  damaged  after  running  a  short 
time  at  16,000  rpm  (see  Figure  53) .  It  was  concluded 
that  the  notches  allow  too  much  lubricant  to  escape 
through  the  radial  holes  in  the  cone,  thereby  starving 
the  rolJer/cone-rib  contact. 


Bearing  83031-39  with  the  T-400  rib,  standard  rollers, 
and  silver-plated  machine-steel  race-guided  centerline 
cage  was  run  in  the  center  radial-load-only  position  for 
the  remainder  of  this  program.  At  the  end  of  the  program, 
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Vespel  SP-21 
Rib  Insert 


Bearing  83031-37,  Test  19-20 

Vespel  SP-21  Rib  Insert  Broke  Loose  and  Turned  on  Cone 
Beaming  Ran  for  15  Minutes  at  9,000  rpm  Before  Bearing 
Damage  Occurred* 


Figure  48.  Damaged  Bearing  After  Test. 


Bearing  83031-38,  Test  19-20 

Note  Pitting  of  Vespel  SP-21  Rib  Insert;  Cage  is  Borkote  Treated 
Bearing  Ran  for  15  Minutes  at  9,000  rpm  Before  Bearing  Damage 
Occurred. 


Figure  49.  Damaged  Bearing  After  Test. 


Bearing  83031-40  After  Test  19-20 


Figaro  52.  Bearing  83031-40  Running  at  5000  rpm  Showing 
Absence  of  J.ubricant  Between  the  ('age-  ID  and 
Rib  CD. 


Radius 
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this  hearing  had  accumulated  149  hours  at  16,0.00  rpm. 
Additional  testing  of  bearing  83031-40.  with  the  B.orkote- 
treated  rib,  Borkote-treated  roller  spherical  ends,  and 
machined  Borkpted  cage  was  stopped  because  the  Borkote- 
treated5  cage  scored  and  -pitted  the  roller:  ends. 


ANALYTICAL  AND  EXPERIMENTAL  RESULTS 


Many  of  the  experimental  test,  results  were  predicted  by  the 
analytical  study  conducted  in  conjunction  with  the  experi¬ 
mental  investigation.  Several  parametric  studies  were 
conducted  and  compared  to  the  experimental  data  in  order  to 
establish  design  criteria  for  future  applications.  The 
various  studies  conducted  during  this  program  are  summarized 
below  along  with  significant  correlations. 

The  one  geometric  parameter  that  greatly  influenced  the  oper-r 
ation  of  the,  .tapered  roller  bearing  was  the  spherical  end 
radius  on  the  large  end  of  the  rollers.  This  spherical  end 
radius  is  generated  by  a  vector  which  is  less  than  the  bear¬ 
ing  apex  length.  For  standard  bearings,  this  radius  is 
maintained  at  approximately  97  percent.  Initial  testing  of 
the  bearings  with  the  97  percent  radius  showed  that  as  speed 
was  increased,  insufficient  oil  film  was  developed  at  the 
roller-end/ cone  rib  contact,  resulting  in  scuffing  failures. 
Testing  showed  that  by  decreasing  the  spherical  radius,  a 
wedge  opening  was  obtained  which  permitted  the  development  of 
an  oil  film  at  the  contact  interface.  The  first  phase  of 
this  program  was  to  experimentally  and  analytically  evaluate 
the  effect  of  varying  the  spherical  end  radius  on  the  perfor¬ 
mance  of  a  high-speed,  tapered  roller  bearing.  This  series 
of  tests  and  past  testing  demonstrated  that  a  spherical  end 
radius  of  75-80  percent  provided  the  best  bearing  performance. 
Analytical  parametric  studies  also  showed  that  the  optimum 
spherical  end  radius  for  best  film  thickness  generation  is 
80  percent  of  the  apex  length  (Figure  54 ) . 

Decreasing  the  spherical  end  radius  below  75  percent  has 
resulted  in  erratic  bearing  performance  and  cone  rib  scuffing. 
In  addition  to  reducing  the  film  thickness,  the  contact  stress 
and  the  flash-temperature  rise  in  this  contact  area  increase 
(Figures  55  and  56) ,  which  further  increases  the  possibility 
of  failure.  A  further  review  of  the  analytical  data  indicated 
that  the  film  thickness  at  the  roller-end  contact  should  be 
sufficient  to  ensure  complete  separation  of  the  roller  and 
the  rib;  therefore,  it  is  apparent  that  other  factors  are 
influencing  the  performance. 

Prior  Boeing-Vertol  development  work  in  tapered  roller 
bearings  demonstrated  that  the  major  cause  of  roller-end 
scuffing  was  the  result  of  not  maintaining  an  adequate  supply 
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ickness  at  Roller -.End/Flange  Contact  (Microinch) 


Temperature 


Constant  Parameters 
3,6,000  rpm 
7500  lb  Radial  Load 
5500  lb  Thrust  Load 


Figure  56.  Flash  Temperature  Rise  Versus  Roller  Spherical 
End  Radius. 


of  oil  to  the  cone  rib.  Photographs  shown  in  Figure  58 
indicate  that,  beyond  a  velocity  of  10,000  fpm  (8000  rpm) , 
very  little  oil  reaches  this  area  by  directing  lubrication  to 
the  small  epd  of  the  bearing.  As  a  result,  a  secondary  source 
of  lubrication  was  developed  which  provided  oil  directly  to 
the  cone  rib  area.  Prior  Boeing-Vertol  tests  were  conducted 
with  three  and  six  radial  lube  holes  which  showed  an  improve¬ 
ment  in  the  operating  velocity  attained  (12,500  fpm).  A 
review  of  these  prior  failures  showed  a  significant  increase 
in  rib  damage  occurring  away  from  each  lubricant  supply  hole. 
This  data  indicated  that  the  spacing  and  oil  distribution 
obtained  by  the  radial  lube  holes  are  very  critical  to  the 
performance  of  these  bearings.  An  analysis  was  initiated  to 
determine  the  oil  stream  coverage  on  the  cone-rib  surface.  • 

A  ratio  of  flange  coverage  by  the  oil  stream  and  hole  spacing 
appears  to  provide  a  good  parameter  for  determining  the 
successful  operation  of  .highr-speed,  tapered  roller  bearings . 
This  parameter  was  plotted  against  the  tangential  velocity  of 
the  cone  rib  contact  point.  The  plot.  Figure  57  ,  shows  that 
a  good  correlation  can  determine  the  oil  stream  hole  ratio 
for  satisfactory  bearing  operation.  Further  studies  cover '.ng 
other  size  bearings  will  be  required  to  establish  the  appli¬ 
cability  of  this  method  for  all  size  bearings.  High-speed, 
strobe  light  photographs  were  taken  of  a  cone  spinning  at 
various  speeds  to  show  the  oil  stream  leaving  the  radial  lube 
holes.  These  photographs,  summarized  in  Figure  58  ,  further 
substantiate  the  accuracy  of  the  analytical  method  which  was 
developed  to  predict  the  trajectory  and  coverage  of  the 
lubricant  on  the  cone  rib. 

The  two  series  of  photographs  show  the  effect  of  varying  speed 
and  the  number  of  radial  lubricant  supply  holes.  Other 
important  features  of  these  photographs  are  the  balanced  oil 
flow  at  each  radial  hole  location.  This  balanced  oil  distrir- 
bution  is  evidence  that  the  type  of  oil  manifold  design  used 
for  this  bearing  does,  in  fact,  provide  equal  flow  to  each 
radial  hole.  Figure  26  illustrates  how  the  oil  collects  at 
the  upper  end  of  the  manifold  before  the  oil  feeds  each  radial 
hole  location.  This  method  insures  that  only  a  few  supply 
holes  in  the  shaft  are  required  to  provide  an  even  distri¬ 
bution  of  oil  to  the  increased  number  of  lube  holes  in  the 
bearing  cone.  This  configuration  also  allows  the  oil  to 
have  essentially  zero  velocity  prior  to  entering  the  lube 
hole.  Also  noted  in  these  photographs  is  the  minimum  effect 
of  speed  in  providing  changes  in  the  oil  stream  path. 
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Figure:  59  plots:  shaft  speed  versus  spacing  ratio  for  the  test 
bearirig  used  in  this  program.  The  plot  shows  a  6  percent 
increase  in  spacing  ratio  occurring  when,  the  shaft  speed  is 
increased  from  low  rpm  to  16,000  rpm.  The  above  study 
indicated  that  in  order  to  increase  the  oil  coverage  on  the 
cone  rib  (flange) ,  the  number  of  holes  had  to  be  increased. 
Therefore,  -other  variables  were  investigated  to  determine 
approaches  for  increasing,  the  oil  coverage,  and  significantly 
increasing  the  speed  capability  of  the  tapered  roller  bearing. 

The  following  parametric  study  was  conducted  after  all  fabri¬ 
cation  of  the  tost  bearings  was  completed.  Therefore,  no 
testing  was  conducted  to  verify  the  changes  predicted  by  this 
study.  The  summary  of  two  parametric  studies  is  shown  in 
Figure  60.  These  studies  show  that  hole  inclination  angle 
and  lube  hole  length  have  a  significant  effect  on  the  oil 
distribution  on  the  flange.  Changes  in  these  two  variables 
can;  greatly  increase  the  flow  angle/spacing  ratio,  but  will 
be  limited  by  manufacturing  and  fabrication  considerations. 
Careful  consideration  must  be  given  to  both  of  these  variables 
in  order  to  obtain  the  maximum  benefit  from  increasing  the 
oil  ratio. 
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Figure  59-  Effect  of  Shaft  Speed  on  Oil  Flow  Angle  Spacing. 
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Figure  60-.  Flow  Angle/Spacing  Ratio  Versus  Lube  Hole  Length 
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CONCLUSIONS 


Based  upon  the  results  obtained  from  the  experimental  test 
program,  the  following  conclusions  were  reached  concerning 
the  performance  of  the  6500-series  high-speed,  tapered  roller 
bearings : 

•  Oil  Flow  Rates 

Oil  flow  rates  of  2  pints/minute  to  the  small  end  of  the 
bearing  and  4  pints/minute  through  the  radial  holes,  in 
the  cone  to  the  large  end  of  the  bearing  are  satisfactory 
for  normal  operation.  The  verification  tests  were  all 
run  with  these  oil  flow  rates.  Oil  flow  rates,  as  small 
as  2  pints/minute  through  the  holes  in  the  cone  and  ho 
flow  to  the  small  end  of  the  bearing  appear  feasible  for 
fail-safe  operation  utilizing  a  small  auxiliary  lube 
system. 

•  Roller  Spherical  End  Radii 

A  roller  spherical  end  radius  equal  to  75  percent  to 
80  percent  of  the  apex  length  is  optimum  for  the  6500- 
series  bearing. 

•  Bearing  Cage  Plating  and  Coatincr 

There  is  no  apparent  difference  in  performance  between 
the  phosphate-coated  and  silver-pl?ited  flared  cages  as 
tested  in  this  program;  however,  the  silver-plated  cage 
has  an  advantage  over  phosphate  coating  in  a  marginal 
lubrication  situation.  Cages  that  are  silver  plated 
should  have  a  nickel  strike  and  a  silver  strike  before 
silver  plating.  While  none  of  the  bearings  with  brass- 
plated  cages  could  be  run  at  16,000  fpm,  there  was  no 
evidence  that  would  indicate  that  brass  plating  was  not 
a  satisfactory  plating  material  for  high-speed  operation. 
All  tests  with  brass-plated  cages  were  stopped  because 
of  roller-end/cone  rib  scuffing  damage. 

©  Surface  Finish 


There  is  no  apparent  difference  in  bearing  performance 
with  surface  finishes  on  the  cone  rib  face,  cone  race, 
roller  body  and  roller  spherical  end  radius  in  the  range 
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of  4  to  13  micro inch e s'(AA): *  The  range  of  finishes  oh" 
taineS  in  this;  program  is  typical  for  standard  production 
lots.  There  was  no  apparent  correlation  between  cone  ri > 
scuffing'  and-  surface  rxhish.  . 

Flared  and/Standard  Cages 

There  is  no  apparent  difference  in  performance  between 
cages  that  are,  flared  td  relieve  roller  body  contact 
(see  Figure  13  )  and  standard  stamped ^steel  cages.  Cages 
that  were  phosphate  coated,,  silver-plated  and  brass- 
plated  were  tested  in  both  the  flared  and  standard  stamped 
steel  configuration... 


e  Number... of-.  Holes:  through  Cone 

There  was  no  measurable  difference  (temperature,  torque, 
etc.)  between  the.  bearings  tested  with  eighteen  and 
24  radial  holes  from  the  beating  cone  backface  chamfer 
(oil  -manifold)'  to  the  large  end  cone  rib  undercut.  How¬ 
ever,  the  occasional  roiler-end/cone  rib  damage  experi¬ 
enced  with  the  bearings  having  18  radial  holes  showed  that 
bearing  cones  with  24  holes  were  superior  and  were  used  in 
the  verification  tests. 


•  Verification  Tests 

Results  of  the  verification  tests,  eight  bearings,  showed 
that  the  mod  .f ied  6500-series  bearing  can  be  operated 
at  16,000  rpm  (20,000  fpm)  for  24.  hours  v/ith  oil  flow 
rates  of  2  pints/minute  to  the  small  end  and  4  pints/ 
minute  through  the  radial  holes  from  the  cone  backface 
(oil  manifold)  to  the  large  end  rib  undercut.  These 
tests  were  run.  with-  7500  pounds  .radial  and  5500  pounds 
thrust  load.  The  bearings  used  had  rollers  with  spherical 
end  radii  equal  to  80  percent  of  the  apex  length.  Four 
of  these  bearings  had  silver-plated *  stamped-steel  flared 
cages  and  four  had  silver-plated,  standard  stamped-steel 
cages . 


0  Reduced  Radial  and  Thrust  Load  Tests 


The  two  bearings  tested  under  80  percent  of  the  7500- 
pound  radial  load  and  5500-pound  thrust  load  showed  no 
sign  of  bearing  distress  after  running  for  8  hours. 
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•One  of  the  two  bearings „ tested  was  damaged  when  the  load 
was  reduced  to  60  percent.  This  damage,  due  to  the 
peculiarity  of  the  test  t  achine  design,  would  not  happen 
in  a  normal  transmission  app:  ication  where  the  cups  are 
fixed  in  a  housing  and  the  cones  are  fixed  on  the  shaft. 

•  yailrrSafe  Bearing  Tests 

Results  of  the  fail-safe  bearing  test  show  that  a  DuPont 
Vespel  SPr21  bearing  rib  insert  is  not  satisfactory  as  a 
fail-safe  material.  The  Vespel  rib  insert  was  pitted  and 
broke  loose  from  the  bearing  cone  after  running  at  9000 
rpm  for  15  minutes,  terminating  the  test.  The  cone  with 
tie  DuPont  T-^400  alloy  applied  to  the  rib  and  the  cone 
with  Borkote  applied  to  the  rib,  roller  spherical  ends 
and  cages  appeared  satisfactory  after  this  test. 

The  machined,  race-guided  centerline  contact  cages  re¬ 
quire  radial  lubrication  holes  from  the  cone  backface 
chamfer  (oil  manifold)  to  the  large  rib  outside  diameter. 
This  lubricates  the  area,  where  the  cage  flange  inside 
diameter  contacts  the  rib  outside  diameter. 

Bearing  No.  83031-39  with  the  T-400  rib,  standard  rollers 
and  a  silver-plated,  machined  cage  appeared  in  excellent 
condition  after  running  149  hours  at  16,00*'  rpm  in  the 
center-radial-load-only  position.  The  T-400  material 
appears  to  be  a  good  material  for  future  fail-safe 
evaluation. 


TAPERED  ROLLER  BEARING  APPLICATION 

On  the  basis  of  the  work  performed  under  the  contract,  it  is 
concluded  that  tapered  roller  bearings,  utilized  in  a  duplex- 
set  arrangement  for  supporting  spiral  bevel  gearing  in  heli- 
coptej.  transmissions,  will  provide  improved  performance  over 
ball  and  cylxr Lnrul  roller  bearing  systems.  In  addition, 
tapered  roller  bearing  systems  offer  •  greater  design  flex¬ 
ibility  than  equivalent  ball  and  roller  bearing  systems  in 
helicopter  transmissions. 
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RECOMMENDATIONS 


Based  upon  the  successful  results  stained  from  this  program, 

further  work  is  recommended  for  the,  following  areas: 

1.  Fatigue  life  testing  is  recommended  for  the  6500-series, 
high-speed  tapered  roller  bearings.  This  additional 
testing  is  necessary  to  substantiate  their  use  in  sup¬ 
porting  .spiral  bevel  gears  as  required  for  advanced 
helicopter  transmission  applications. 

2.  Additional  testing  is  recommended  to  determine  the  effect 
of  increasing  the,  ratio  of  oil  coverage  versus  lube  hole 
spacing  (cone  rib)  on  extending  the  operating  range  of 
tapered- roller ,  spiral-bevel  support  bearings.  Testing 
in  this  program  was  limited  to  20,000  fpm  velocity  and 
one  size  bearing.  r esting  additional  size  bearings  at 
higher  velocities  and  increased  ratio  values  could  sub¬ 
stantiate  the  use  of  this  parameter  as  a  design  tool. 

3.  Full-scale  helicopter  transmission  tests  are  recommended 
to  demonstrate  the  performance  of  high-speed,  tapered- 
roller  spiral  bevel  support  bearings  under  typical  oper¬ 
ating  conditions. 
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APPENDIX 

ANALYTICAL  INVESTIGATION 


DEVELOPMENT  OF  INTERNAL  GEOMETRY  QF  TAPERED  ROLLER 
EEARINGS 

The  tapered  roller  bearing  operates  on  the  principle  that  the 
roiling  elements  and  raceways  are  constructed  so  that  their 
mating  surfaces  form  cones  which  meet  at  a  common  point  (i.e,, 
the  apex) ,  on  the  axis  of  the  bearing.  This  construction  in¬ 
sures  true  rolling  motion  at  the  mating  surfaces  (except  at 
the  roller-end/flange  contact)  and  also  provides  the  capabil¬ 
ity  of  reacting  combined  radial  and  thrust  loads.  The  basic 
construction  and  the  identification  of  the  various  parts  of  a 
tapered  roller  bearing  are  shown  in  Figure  61. 


Figure  61.  Tapered  Roller  Bearing  Component  Identification. 


In  order  to  understand  the  kinematics  and  internal  loading  of 
a  tapered  roller  bearing/  it  will  be  necessary  to  define 
several  basic  geometry  relationships.  The  following  section 
defines  the  various  angles  and;  dimensional  relationships  which 
are  essential  in  the  development  of  other  analyses  such  as 
contact  stresses,  oil  film  thickness,  and  kinematics. 

Figure  62  defines  the  basic  angles  and  dimensions  necessary  to 
develop  a  proper  analysis  of  the  operation  of  a  high-speed 
tapered  roller  bearing.  Based  on  these  dimensions,  the  fol¬ 
lowing  relationships  can  be  developed  to  define  all  parameters 
necessary  to  evaluate  tapered  roller  bearings. 

For  reasons  which  will  become  obvious  later,  the  following 
quantities  will  be  defined: 


VR  =  (1  -  nip2)  /  (tt  Er) 

(1) 

VE  =  (1  -  mE2)/(u  Eg) 

(2) 

YG  =  D  cos  (y)/E 

(3) 

The  angle  from  the  centerline  of  the  roller  to  the  radius 
through  the  flange/roller-end  contact  point  (see  Figure  62) 
can  be  shown  to  be 

0  =  Y  +  YB  “  90°  (4) 

The  coordinates  of  the  contact  point  with  respect  to  the 
roller  center  are 


r  =  Re  sin  (0)  (5) 


The  perpendicular  distance  from  the  point  of  contact  to  the 
bearing  axis  is 

Rp  =  E/2  +  t  sin  (y)  -  r  cos  (y)  (8) 

The  perpendicular  distance  from  the  intersection  point  of  the 
flange  and  cone  and  the  contact  point  of  the  flange  and  the 
roller  end  is  found  as  follows  (see  Figure  62).’ 

Brpij,  =  y  *"  0 

Y 1  =  180°  -  Yg  ~  a 


105 


(9) 

(10) 


Figure  62.  Basic  Angles  and  Dimensions  of  Tapered  Roller 
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R-j-.rhay  now  be  found  from  the  law  of  sines 
Ly  sin  (a)  sin  ( yb) 


Rl  = 
Finally, 


sin  (y1.) 


(12) 


T  -  RP  ~  RI 

sliTTy^T 


(13) 


At  this  point,  some  interesting  geometric  observations  are 
worthy  of  note. 

If  Btt  is  positive: 

§  The  minor  axis  of  the  pressure  ellipse  will  be  in  a 
plane  containing  the  bearing  axis. 

•  The  flange  curvature  radius  will  be  negative  (i.e.,  the 
flange  will  be  concave  with  respect  to  the  roller  end) . 


•  The  flange  inclination  angle  will  be  less  than  90°. 

If  Btt  is  negative: 

»  The  major  axis  of  the  pressure  ellipse  will  be  in  a 
plane  containing  the  bearing  axis* 

•  The  flange  curvature  radius  will  be  positive  (i.e.,  the 
flange  will  be  convex  with  respect  to  the  roller  end). 


•  The  flange  inclination  angle  will  be  greater  than  90° . 

If  Btt  is  zero: 

•  The  pressure  ellipse  will  be  a  circle. 

«  The  flange  curvature  radius  will  be  infinite  (i.e.,  the 
flange  will  be  a  flat  plate  perpendicular  to  the  bearing 
axis)  . 

®  The  flange  inclination  angle  will  be  =  90°. 


107 


If  0  is  positives 

.•  The  contact  point  will  be  on  the  cone  side  of  the  roller 
centerline  . 

C 

•  The  .Y  dimension  will  be  positive. 

If  0  is  negative: 

•  The  contact  point  will  be  on  the  cup  side  of  the  roller 
centerline  . 

•  The  Y  dimension  will  be  negative. 

If  0  is  zero: 

•  The  contact  point  will  be  on  the  roller  centerline. 

The  Y  dimension  will  be  zero. 

The  flange  curvature  radius  in  the  direction  of  roller  pre¬ 
cession  is 

Rp  =  -  Rp/sin  (Btt)  (14) 

ROLLING  ELEMENT  KINEMATIC  ANALYSIS 


The  kinematic  relationships  of  a  tapered  roller  bearing  are 
very  important  in  understanding  the  critical  velocities  and 
motion  necessary  for  determining  oil  film  thickness,  fatigue 
life,  and  speed  effects.  The  analysis  developed  will  assume 
sufficient  load  applied  to  the  bearing  to  insure  rolling 
motion.  At  this  time  dynamic  effects  such  as  sliding,  gyro¬ 
scopic  pivotal  motions,  and  EHD  effects  will  be  neglected. 
Review  of  the  test  conditions  in  this  program  shows  that  these 
assumptions  are  valid. 


In  general,  both  inner  and  outer  races  are  considered  to  be 
rotating,  with  the  inner  race  speed  always  positive  and  the 
outer  race  speed  considered  pos^ive  if  it  rotates  in  the  same 
direction  and  negative  if  it  rotates  in  the  opposite  direction. 


The  orbital  speed  (cage  speed)  of  a  nonslipping  roller  can  be 
determined  as  follows  (:<ee  Figure  63  )  . 

Note  that 


J0 


=  E  -  d  cos 

(y) 

(15) 

=  E  +  d  cos 

(y) 

(16) 
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E  =  Pitch  Diameter  t'o 
Center  of  Rollers 


Figure  63.  Two-Dimensional  Schematic  of  Tapered  Roller 
Bearing  Kinematics. 


For  convenience  in  future  calculations  ■,  we  ydef ine 


...  _  d  cos  (y) 

Yq - E - ~ 


(17) 


The  angular  velocity  of  the  outer  race  with  respect  to  the 
roller  center  is 

“o/RE  =  “o  URE 


Similarly,  for  the  inner  race 
“i/RE  =  “i  “RE 


The  angular  velocity  of  the  roller  about  its  own  axis  is 
“R/RE  “  wO/RE  Dc/d 


or 


“R/RE  “  "  “l/RE  Dn/d 

If  the  above  equations  are  solved  for  toRE,  we  have 


(19) 


(20) 


(21) 


"  Do 

4-  it\ 

r  di  i 

DI  +  Do 

“i 

_DI  +  D0 

RE  0 


Combining  equations  (17) ,  (18) ,  (19) ,  and  (24)  yields 

“RE  =  1//2  [wO  ^  +  yG^  +  “i  ^  Y6>] 

Note  that 


(22) 


(23) 


D  /D  =  E  j  d  cos  y 
C/  R  d 

and 

-  |  (1  +  yG) 

if  we  may  combine  equations  (18),  (20),  and  (23),  we  find 
that 

_  E 


(24) 


(25) 


R/RE  “  2d  ^  “  YG)  "  “i* 


(26) 
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Utilizing  vector  notation,  the  absolute  angular  velocity  of 
the  roller  is  7 

“R  =  3r/RE  *  “RE  (27) 


Since  wr/re  an^  “re  are  vectors,  we  must  add  them  vectorially 
(see  Figure  64) . 

“R  =  ((“R/RE  cos  Cy)  +  “re)  i  +  (“R/RE  s:*-n  j  (28 


R  (  (a)R/RE  COs(Y)+  “RE^2  +  (^R/RE  sin  y 
“R/RE  sin  (Y) 


1/2 


Yr  =  tan 


-1 


jr/re"  cos  (y)+  “re 


'  (29) 
(30) 


The  sliding  velocity  at  the  point  of  contact  between  the 
roller  end  and  the  rib  flange  can  be  found  by  subtracting  the 
absolute  linear  velocities  of  the  flange  and  the  roller  end 
at  the  contact  point. 


The  linear  velocity  of  the  flange  at  the  contact  point  is  ob 
viously  dependent  upon  which  race  the  flange  is  attached  to 
as  well  as  its  angular  velocity.  Therefore,  when  it  is 
attached  to  the  inner  race, 


\) 


and  when  it  is  attached  to  the  outer  race, 

Vp  =  uq  x  Rp 


(32) 


The  linear  velocity  of  the  roller  at  the  contact  point  may  be 
found  as  follows : 


VRP  =  VRP/RE  *■  VRE 


(33) 


That  is,  the  velocity  of  the  roller  contact  point  is  equal  to 
the  vectorial  sum  of  its  velocity  with  respect  to  the  roller 
centerline  (VRp/RE)  and  the  velocity  of  the  roller  centerline 
(VrE)  •  ' 


VRP/RE  = 


-> 


x  r 


(34) 


VRE  =  “RE  x  RRC 


(35) 


111 


where  (see  Figure  62) 


R 


RC 


=  E/2  +  t  sin  (y) 


And,  from  Figure  64 , 

rR 

Therefore , 


*RR  "  90  -  *  + 


V 


RP 


=  Mpg  (E/2  +  t  sin  (y)))+  toR  r  sin  (yRR) 


R 


1  RR 


The  sliding  velocity  at  the  flange/roller-end  contact  is 

=  %  -  hv 


(36) 


(.37) 


(38) 


(39); 


In  order  to  determine  the  lubricant  film  thickness,  we  must 
first  find  the  mean  surface  velocity  at  the  roller-end  contact 
point  with  respect  to  the  velocity  of  the  contact  point.  In 
the  case  of  two  cylinders  on  fixed  centers ,  this  velocity  is 
simply  the  average  of  their  surface  velocities  at  the  contact 
point,  since  the  contact  point  is  stationary.  In  a  bearing, 
however,  the  roller  system  is  undergoing  epicyclic  motion,  so 
that  the  conjunction  point  itself  has  some  motion.  Therefore, 


Flange 
On  Inner 
Race 


VF/CP  =  RP  x  (“I  "  “RE^ 


(40) 


Flange 
On  Outer 
Race 


F/ 


-  Rp  x  (u)q  u>RE) 


(41) 


where  Vpycp  is  the  velocity  of  the  contact  point  on  the 
flange  with  respect  to  the  flange/roller-end  contact  point. 

Note  that  o)j ,  ojre,  and  w0  are  all,  parallel  to  each  other  and 
perpendicular  to  Rp 


VRP/CP  =  (“R/RE  +  “RE  “  “RE)  x  r 

where  VRp^Cp  is  the  velocity  of  the  contact  point  on  the 
roller-end  with  respect  to  the  flange/roller-end  contact 
point. 


(42) 


Equation  (42)  reduces  to 
^RP/CP  =  “P./RE 


Vr 


x  r 


(43) 
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Note that  and  R  ar.e  perpendicular. 

Therefore,  the  mean  surface  velocity  at  the  foller-end/flange 
contact  point  may,  be  written  as 

Flar.go  f,  ,  .►  * 

On  Inner  r;p  =  1/2  Rp  -  »HE.)  +  r  UR/RE 
Race  .  r 

Flange  ^ 

Oh  Outer  Up  =  1/2  Rp  (uq  —  wpp)  +  r  (wp/re  )"  (45) 

Race-  1  L  J 

it  is  interesting  to  noce  the  following  special  cases  for 
sliding  velocity: 

Flange  +  +  +  *  + 

On  inner  Vg.  =  r  wpypg  “  ~  s*>re)  %>  (46) 

Race 


Flange  ^  ^  ^ 

On  Outer  Vg  =  r  o>r/re  -  (wq  -  wre)  Rp  (47) 

'Race 

For  the  special  case  of  a  flange  attached  to  a  rotating  inner 
race,  equation  (46)  reduces  to 

VS  =  *  “R/RE  "  {“l  -  1/2  cj  (1  -  yg)  (E/.2 

+  t  sin(V)“  r  cos(yj)  (48) 

Thus,  the  R  vector  is  negative  when  the  contact  is  below 
roller  centerline,  so 

Vs  =  -  r  Wp/pp  -  j  w-j.  (1  +  Yq)  (E/2  +  t  sin  (y) 

-  r  cos  (y))  (49) 

For  convenience  in  analysis,  we  will  define  the  following: 

S  =  +  1  Flange  on  Inner  Race 

(•  -  -  1  Flange  on  Outer  Race 

Using  this  method,  the  equation  may  be  written  as  follows 
(note  that  the  direction  is  negatives  when  o  is  positive)’. 

Rp  ((uij  (It  ,)  ■!'  «0  (1  **  O)  /2  -  fipj^ 

“R/RB 
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% 


Up  «  1/2 


(50) 


where  Up  is  the  entraining  velocity  at  the  roller-end/flahge 
contact  point  for  any  condition  of  flange  attachment  or  race 
rotation.  ~ 


Similarly , 


VS  "  ”  r  “r/RE  “  RP  ((“i  ^  +  ^  +  “o  ^  /2  “  “re)  (51) 


where  Vg  is  the  sliding  velocity  at  the  roller-end/flange 
contact  point  for  any  condition  of  flange  attachment  or  race 
rotation. 

Therefore,  Equations  (50)  and  (51)  are  valid  for  any  combina¬ 
tion  of  race  rotation  and  flange  attachment. 

Similar  reasoning  may  be  used  to  find  the  entraining  veloc¬ 
ities  at  the  outer  and  inner  race  mean  contact  points. 

We  must  first  find  the  radii  to  the  inner  and  outer  race  mean 
contact  points,  and  Rom/  respectively. 

Recalling  Equation  (17)  and  referring  to  Figure  62  we  may 
write 

RIM  =  (E/2)  (1  -  yG>  (£2/ 

Rom  =  (E/2)  u  -  VG)  (53) 


Thus 


UI  =  1 /2  (rIM  (“I  “  WRE^  +  rRI  “R/Re)  (54^ 

where  Uj  =  entraining  velocity  at  inner  race  mean  contact 
point 

U0  =  1/2  (Rqm  (“0  “  WRE^  +  rR0  WR/RE^  (55) 

where  U0  =  entraining  velocity  at  outer  race  mean  contact 
point.  Vector  equations  are  not  required  since  all  radii  and 
angular  velocity  vector  combinations  are  mutually  perpendicular. 

The  angular  velocity  of  tba  rollers  with  respect  to  the  flange 


WR/F  =  wr  ~  wF 
From  equation  (28)  we  have 


’r/F  ~  “R/RE  f  ‘"RE  "  UF 
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We  note  that  the  vectors  and  are  parallel,  while  wr/re 
acts  at  an  angle  y  with  the  former.  Therefore,  the  magnitude 
of'tR/F  is 


=  (<« 


'r/re 


sin  (y))2+(“r/rr  cos  (y)  +  u 


RE  F' 


acting  at  an  angle  of  y^  with  the  bearing  centerline. 


ynn  =  tan 
RF 


-1  /“R/RE  cos  (?)  +  10 RE  “  “F  \ 


'R/RE 


sin  (y) 


Utilizing  the  parameter  5 ,  <dF  can  be  expressed  as 

Up  =  (n>i  (1  +  O  '+  Uq  (1  -  C))/2  (60) 

Similarly,  the  angular  velocity  of  the  roller  centerline  with 
respect  to  the  flange  is 

•f' 

“RE/F  =  “RE  “  “F  ( 6-1-) 

Note  that  urr  and  u>F  are  coplaner,  so  the  vector  signs  may  be 
dropped .  w 

Since  we  know  the  kinematics  of  the  three  major  contact 
points,  we  may  now  turn  our  attention  tc  the  detailed  analy¬ 
sis  of  the  loads  on  a  single  rolling  element. 


RQL  ING  ELEMENT  LOAD  ANALYSIS  - 

For  the  roller  shown  in  Figure  65 ,  the  curvature  radius  is 
related  to  the  mean  roller  diameter  and  the  roller  taper  half¬ 
angle  by 


ROL  ~  2  cos  (t/2) 

Figure  66  shows  a  schematic  representation  of  the  outer  and 
inner  race  contacts  at  the  mean  diameter.  Rj^  and  R0m  are 
defined  in  Equations  (52)  and  (53),  respectively.  The  race 
curvature  radii  are  given  by 

^IMP  =  (90  -  a)  {( 

R™n  =  "  RnM/sin  (90  -  3)  (t 


Figure  65.  Roll  Mid-Diameter  Curvature  Radius  Derivation 


Figure  66-  Derivation  of  Race  Curvature  Radii. 


But  we  know  that  sin  (90-X)  =  cos  (X)/  so  Equations  (63)  and 
(64)  may  be  rewritten  as 

^IMP  =  Rim/cos  (°)  (65) 

^OMP  =  —  <tos  (^  (66) 

j  . 

Note  that  the  negative  sign  is  used  in  Equations  (64)  and  (66) 
because  the  outer  race  is  concave  with  respect  to  the  roll. 

The  load  at  the  inner  race  mean  point  is. assumed  to  be  known; 
thus  the  reaction  forces  at  the  outer  race  and  the  roller- 
end/flange  .may  be  calculated.  An  additional  complication 
becomes  apparent  when  one  considers  the  two  body  forces, 
namely  centrifugal  force  due  to  the  rotation  of  the  roller 
about  the  bearing  axis  and  the  gyroscopic  moment  due  to 
“R/RE  and  (ore  being  noncoliriear.  Both  of  these  vectors  act 
through  to  the  roller  center  of  gravity.  Prior  to  calcula¬ 
ting  these  forces,  the  mass,  mass  moment  of  inertia,  and  the 
center  of  gravity  of  a  roller  must  be  defined.  Since  the 
spherical  area  at  the  end  of  the  roller  is  quite  small  in 
comparison  with  the  main  body  of  the  roller,  we  will  neglect 
it  in  the  calculation  of  the  center  of  gravity. 


Figure  67*  Truncated  Circular  Cone. 


A  tapered  roller  is  simply  a  truncated  circular  cone  (i.e., 
Figure  67) .  The  distance  from  its  large  end  to  the  center  of 
gravity  is  given  by 


*CG 


£  (RrL2  +  2Rrl  %S  +  3rRS2) 
4  (Rrl2  +  RrS  +  rrS2) 


(67) 
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where  RRS  and  Rjy^  are  as  shown  in  Figure  68* 
yCG  hCG 


Figure  68-  Schematic  for  Deriving  Roller  Center  of  Gravity. 


R 


RS 


_  (d  -  £  tan  (t/2) ) 


(68) 


R 


RL 


_  (d  +  £  tan  (t/2) ) 


(69) 


Thus,  the  distance  from  the  mean  section  to  the  center  of 
gravity  is  given  by 


H  _  £  (i  (rRI.2  +  2rRL  rRS  +  3rRS2>  ^ 

2  '  2  (rrl2  +  rrl  rrs  +  rrs2)  S 


(70) 


The  radius  (perpendicular  to  the  bearing  centerline)  to  the 
center  of  gravity  of  the  roller  from  the  bearing  centerline 
is 


rCG  =  E/2  +  hCG  sin  (t/2) 


(71) 


The  volume  of  the  roller  may  now  be  found  (again  referring  to 
Figure  67  )  by 


VRO.L  =  GRRS  +  +  (7lR”^2  irR  2^  ^ 


1/2  v 

RS  ""'RL  )  )■£ 


(72) 


or 


V 


ROL 


=  ^  (RRS2  +  R°t2  +  Roo  Rnr) 


'RL 


'RS  RL 


(73) 


$ 


The  mass  of  the  roller  is  then 


„  _  PROL  vROL 

MROL - g - 

where  Prql  =  fc^e  density  of  the  roller 

g  =  the.  acceleration  due  to  gravity 

The  centrifugal  acceleration  of  the  roller  is 

-  ->  2 

aCROLL  =  RCG  wRE 

Finally,  the  centrifugal  force  on  each  roller  is 
CF  =  mROL  aCROLL 


(74) 


(75) 


(7-) 


CF  is  a  vector  quantity  whose  direction  is  always  perpendic¬ 
ular  to  the  bearing  centerline  acting  through  the  roller 
center  of  gravity. 

All  rolling-element  bearings  are,  to  some  degree,  gyroscopes 
(with  extremely  limited  freedom) *  Thus ,  if  the  axis  of  roller 
rotation  (about  its  own  centerline)  and  the  axis  of  roller 
precession  (rotation  of  cage  about  bearing  centerline)  are  not 
coincident,  a  restorative  torque,  the  gyroscopic  moment  (1) 
will  occur.  This  occurs  in  angular-contact  ball  bearings  and 
tapered  roller  bearings  but  not  in  perfect  cylindrical  roller 
bearings.  The  effect  of  this  gyroscopic  moment  must  be  added 
to  the  centrifugal  force  and  the  applied  load  to  obtain  ac¬ 
curate  values  for  the  flange  end  load  and  the  outer  race  load. 


The  gyroscopic  moment  is  given  ly 

GM  =  IROi,  Ur/re  x  ure)  (77) 

where  wR//Rg  =  the  roller's  angular  velocity  about  its  own 
axis 

“RE  =  ro^er's  angular  velocity  about  the  bearing 
1  J  centerline 

Irol  =  mass  moment  of  inertia  of  the  roller 


Since  Equation  (77)  involves  a  cross  product,  it  is  obvious 
that,  if  ujre  and  ujR  are  parallel,  then  GM  will  be  zero.  For 
the  case  of  a  tapered  roller  bearing,  Equation  (77)  may  be 
reduced  (see  Figure  64  )  to 

GM  =  Irql  WR/RE  URE  s^n  W)  (78) 
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At  this  point >  some  comments  as  to  the  direction  of  the  gryo- 
scopic  moment  seem,  appropriate. 

If  the  inner  race  is  rotating  while  the  outer  race  is  station¬ 
ary,  the  direction  of  the  gryoscopic  moment  may, be  determined, 
from  Figure  69  (viewing  direction  of  rotation  from  the  bear¬ 
ings  large  end) . 


Outer  Race  -  Stationary 


Inner  Race  -  CW 
Outer  Race-  -  Stationary 


Figure  69.  Direction  of  Gyroscopic  Moment  as  a  Function  of 
Race  Rotation  Combinations.. 

Similarly  if  the  inner  race  is  stationary  while  the  outer  race 
rotates  (same  direction  conventions) ,  the  direction  of  the 
gyroscopic  moment  may  be  determined  from  Figure  70. 


Inner  Race  -  Stationary  Inner  Race  -  Stationary 

Outer  Race  -  CCW  Outer  Race  -  CW 


Figure  70.  Direction  of  Gyroscopic  Moment  as  a  Function  of 
Race  Rotation  Combinations . 

Two  additional  possible  cases  are  shown  in  Figure  71;  that 
is,  both  races  rotating  in  the  same  direction. 
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ft* 


U  J^-IV  ,„ ,..  ..^;  _  -  ^f-?^ 


Both  Races  -  CCW  Both  Races  -  CW 

Figure  71.  Direction  of  Gyroscopic  Moment  as  a  Function  of 
Race  Rotation  Combinations. 


All  other  cases  or  race  rotation  combinations  fit  one  of  the 
above  situations.  Thus,  the  scaler  signs  of  the  angular 
velocities  are  sufficient  to  determine  the  direction  of  GM. 


In  some  cases,  GM  tends  to  increase  the  flange  load  (e.g., 
Figures  70  and  71)  and  in  some  cases  it  tends  to  relieve  the 
flange  load  (e.g.,  Figure  69). 

We  may  consider  the  roller  as  part  of  a  full  cone  and  simply 
subtract  the  moment  of  inertia  of  the  truncated  part  (see 
Figure  66)  ;  that  is, 


3M 


lROL 


ROL 


10 


(R 


RL 


-  R 


RS 


(79) 


We  will  now  consider  the  roller  shown  in  Figure  72.  Pj  is  ap¬ 
plied  load  at  the  inner  race  midpoint,  Mi  is  a  moment  at  inner 
race  midpoint  to  account  for  any  misalignment  which  may  be 
present,  P3  is  the  flange  reaction  load,  Po  is  the  outer  race 
load,  Mo  is  the  outer  race  moment,  and  CF  and  MG  are  the  cen¬ 
trifugal  force  and  gyroscopic  moments. 

The  roller  must  be  in  equilibrium  in  the  plane  of  the  paper 


so  that 

If  y  = 

0  = 

-  Po 

cos 

(6) 

+  pI 

cos  (a)  - 

P3  sin 

(y- 

0)  +  CF 

(80) 

Z*x  = 

0  = 

1 

T3 

O 

sin 

(13) 

+  Pl 

sin  (a)  + 

P3  cos 

(y  - 

0) 

(81) 

11 

s? 

0  = 

(CF) 

I!cg 

cos 

(y)  ■ 

-  GM  -  M0  + 

Mj 

-  (PC 

i-PD  | 

sin 

(t/2) 

-  P3 

(r 

nos 

(0)  - 

t  sin  6) 

(82) 
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Figure  72.  Schematic  of  Roller  Loads 


Equations  (SO)  and  (81)  can  now  be  rewritten  as 

P  =  P  COS  (a)  CF _ P  COS  (8) 

3  I  sin  (y  -  9)  sin  (y  -  8-)  0  sin  (y  -  0) 

p  _  p  sin  (6)  _  sin  (a) 

3  0  cos  (y  -  6)  1  cos  (y  -  0) 

Eliminating  P3  and  solving  for  PQ,  we  have 


(  cos 

(a) 

+  sin  (a)  \ 

1  CF 

PI  \sin  (y 

-  0) 

cos  (y  -  0)/ 

sin  (y  -  0) 

sin 

(8) 

+  cos  (8) 

cos  (y 

-  0) 

sin  (y  -  0) 

(83) 

(84) 


(85) 


Utilizing  Equation  (85)  we  can  solve  for  PQ  and  by  substitu¬ 
ting  this  value  into  Equation  (83)  or  (84)  we  can  then  find  P3. 
The  only  remaining  unknown  is  M q.  It  should  be  noted  that,  if 
both  Mi  and  GM  are  zero,  Mo  will  also  be  zero. 

Rearranging  Equation  (91)  yields 

M0  =  Mj  -  GM  +  (CF)  Hcg  cos  (y)  -  (PQ  -  Pj)  |  sin  (t/2) 

-  P3  (r  cos  8  -  t  sin  0)  (86) 

Mq  may  be  found  by  substituting  the  appropriate  parameters 
into  Equation  (86) . 

We  now  consider  a  tapered  roller  bearing  rotating  under  no 
applied  load.  The  centrifugal  force  of  the  rollers  will  give 
rise  to  a  hoop  stress  in  the  outer  race  as  it  restrains  them 
from  further  motion  radially.  However,  due  to  the  tapered, 
nature  of  the  bearing,  a  thrust  load  must  be  applied  to  the 
bearing  to  keep  the  /nip  and  cone  from  separating  axially  due 
to  the  roller  centrifugal  force. 

This  thrust  load  may  be  considered  as  the  declutching  thrust, 
and  if  the  applied  thrust  load  is  not  equal  to  or  greater  than 
this  value,  the  cup  and  cone  will  separate  axially,  and  the 
bearing  will  be  rapidly  destroyed. 

To  find  the  value  of  this  declutching  thrust,  we  must  simply 
solve  Equations  (83)  and  (84)  simultaneously  for  P3  with  Pj 
set  equal  to  zero.  The  resulting  value  obtained  for  P3  is 

then  multiplied  by  the  cosine  of  the  angle  0  (to  yield  its 
axial  component)  and  the  number  of  rollers  (to  yield  the  total 
thrust  force).  Thus  Equation  (85)  becomes 
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V  = 


CF 


,  sin  (Y  *  e)  (-^h 

\cos  (y  - 
Substituting  into  (84)  with  P 


(8) 

-  0) 


.  •+  cos  (&  )  \ 
sin  (y  -  0)  ) 

=  0  and  simplifying  yields 


(87) 


p  i  _  , _ CF  sin  (3) _ _ 

3  sin  (0)  sin  (y" -  O)  +  cos~Tf3)  cos  (y  -  6) 

Finally,  the  declutching  thrust  is 

tdc  =  Z  P3'  cos  (y  -  e) 

where  Z  is  the  number  of  rollers. 


(88) 


(89) 


LUBRICANT  FILM  THICKNESS  ANALYSIS 


Previous  sections  have  established  mathematical  relationships 
for  roller  loads ,  kinematics ,  and  geometry  for  a  tapered 
roller  bearing.  Knowing  these  relationships,  the  oil  film 
thickness  can  be  derived  for  the  inner  and  outer  race-roller 
contact  and  the  roller-end/flange  contact. 

The  roller-end/f lange  contact  (see  Figure  73)  is  the  most 
critical  contact  in  high  speed  tapered  roller  bearings.  This 
contact  between  the  roller  end  and  cone  flange  is  one  of 
mixed  rolling  and  sliding,  and  its  geometry  must  be  designed 
to  generate  an  adequate  oil  film.  To  accomplish  this,  the 
large  roller  end  is  made  spherical  and  the  cone  flange  is 
made  in  the  shape  of  a  cone  whose  apex  is  on  the  cone  center- 
line  of  the  bearing.  The  roller-end  spherical  radius  is 
generally  smaller  than  the  roller  apex  length.  The  contact 
area  of  the  roller  and  flange  is  a  point  under  no  load,  and 
becomes  an  ellipse  under  load. 


The  above  design  also  provides  a  wedge-shaped  opening  in  all 
directions  from  the  contact  point  to  entrap  lubricant  and 
enable  the  generation  of  an  oil  film.  Archard  and  Cowking2 
have  proposed  the  following  equation  to  calculate  the  oil 
film  thickness  at  a  concentrated  point  load  contact: 


2Ry. - . 74 

3Rx 


.74  .41  Ep 

U  a')  (R)  (-^) 


.074 


r  3 
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i 
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h  =  2.04  (1  + 


(90) 


Section  A-A 

Figure  73.  Roller-End /Cone  Rib  (Flange)  Contact 


5%=^--  -  —  v--.  *  -  —  “issg-s — -  a^-~  > 


where 


h  =  oil  jfiiw  biUskiteaft  iiv  inches  4  v 

Rx,  Ry  =»  effective  eurvftturu  Mil XX  Ah  the  X  and  3f 
directions*  te^eukiyoXy 

jj0  =  absolute  viscosity  in  myna  (ib-sec/in,2) 

o'  =  pressure  viscosity  UKpuihiiuf  In 

R  =  effective  curvature  irhitiUB  ill  bins  direction 
o£  motion  $  -  X  * 


Ep ,  =  reduced  modulus  of  eiasti.,  Iky jjtJtii 
W  =  load  in  pounds 
U  =  entraining  velocity*  ih*/$U<3 
The  reduced  modulus  is  defined  as 


1  /l  "  mE 


1  -  mR\ 

eh  / 


where  ee ,  er  =  the  moduli!  of  elasticity  for  the  rollar  and 
~J  ''  race  respectively 

mE,  mR  =  Poisson's  ratio  for  the  roller  and  race 
respectively 

The  theory  of  point  contacts  has  .been  derived  from  the  theory 
of  line  contacts  modified  by  side  leakage  effects.  The  amount 
of  leakage  is  determined  by  the  elliptic! ty  of  the  contact, 

2Ry  -s.74 

which  is  expressed  by  the  (1  +  ^jT?)  factor  in  equation  (90) 

In  terms  of  the  parameters  already  identified  for  the  flange/ 
roller-end  contact,  we  have 


±—  +  •=— 
RF  ^ 
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Uq  and  a1  are  dependent  on  the  lubricant  used,  and  the  condi¬ 
tions  of  pressure  and  temperature  around  the  contact. 

In  a  similar  manner/  the  film  thickness  at  the  inner  and  outer 
race  contacts  may  be  approximated  by  the  use  of  an  equation 
proposed  by  Dowson3.  The  equation  is  valid  for  theoretical 
line  contact  between  two  cylinders  who.se  curvature  reidii,  at 
the  contact  line,  are  constant  over  their  length,  with  a  uni¬ 
form  load  applied  along  their  entire  contact  length.  For  the 
present,  "we  will  represent  the  tapered  roller  by  a  straight 
roller  and  race  combination  whose  curvature  radii  are;  those 
of  the  tapered  roller  at  the  mean  section. 

Dowson1 s  equation  is 

h  =  2.65  (a,)-54{y0  u)  •70(Epr-03(R)  •43(w')“*13  (96) 

where  h,  a',  pg,  Ep,  and  R  are  as  defined  previously 

W*  =  load  per  inch  of  contact  length 

For  the  above  equation  to  be  useful,  each  parameter  must  be  ex¬ 
pressed  in  terms  of  known  quantities,  a',  U,  and  Ep  have  the 
same  values  as  they  did  when  applied  to  Archard  and  Cowking’s 
equation  for  both  inner  and  outer  race  contacts. 

The  effective  curvature  radius  R,  the  load  W',  and  the  entrain¬ 
ing  velocity  U  may  be  calculated  as  follows: 

Outer  Race  Contact 


*0  =  -1  *  '1  (97) 

rrol  eomp 

V  -  VlE  (98) 

(neglecting  the  moment  load) 
where  =  effective  roller  length 
Lj3  —  %  -  2  (Cj^g) 
cRj-'0  ~  r°Her  corner  radius 
a  =  total  .roller  length 
See  Equation  (55)  for  Ug. 
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(99) 


Inner  Race  Contact 


rROL  +  rIMP 


W i*  =  Pj/Lg  (100) 

See  Equation  (54’)  for  Uj\. 

The  above  equations  have  been  substantiated  by  work  done  by 
T.  Wren  and  C.  Moyer. 7  This  analysis  will  be  used  later  in 
this  report  to  analyze  and  optimize  the  geometry  of  the 
rollerrend/f lange  contact  area  for  maximum  film  generation. 

The  film  thickness  at  the  inner  and  outer  race  contact  is 
dictated  by  the  basic  size  and  operating  speed  of  the 
bearing. 


CONE  RIB  (FLANGE)  CONTACT  STRESS 


In  addition  to  being  a  very  critical  area  for  film  generation, 
the  roller-end/flange  contact  must  also  be  analyzed  for  con¬ 
tact  stress.  Under  no  load,  the  contact  of  the  roller  end  and 
the  cone  rib  flange  is  a  point.  However,  this  contact  point 
spreads  out  into  the  form  of  an  ellipse  as  load  is  applied  to 
the  bearing  (see  Figure  73).  The  performance  of  this  contact 
can  be  drastically  modified  by  changing  the  roller 
spherical  end  radius.  Increasing  this  radius  should  provide 
a  better  path  for  the  lubricant  to  reach  the  contact  area, 
but  at  the  same  time  increase  the  contact  stress.  As  the 
spherical  radius  approaches  the  apex  length  of  the  tapered 
roller  bearing,  the  contact  ellipse  may  become  larger  than 
the  available  flange  contact  area,  resulting  in  a  truncated 
ellipse  which  will  have  an  effect  of  scrapping  away  oil  from 
the  contact  area.  Therefore,  the  shape  and  the  stress  of  the 
contact  must  be  evaluated  along  with  the  oil  film  thickness 
in  order  to  properly  evaluate  the  roller-end/flange  contact 
area. 

The  roller-end/flange  contact  can  be  represented  by  two  gen¬ 
eral  solid  bodies  in  contact  (4^,  as  shown  in  Figure  74.  If 
these  two  bodies  are  brought  into  contact  at  points  0^  and  O2 
with  X  axes  at  an  angle  of  (  .  as  shown  in  Figure  75,  the 
orientation  of  the  pressure  area  (which  will  be  an  ellipse  as 
shown  in  Figure  76 )  is  given  by 

tan  (2<d])=  -(  sin  (2u>)>)  (101) 

\  rx2  rY2  / 

(hxT  “  Ryl)  +  (rX2  "  RY2-)  COS  (2a)) 
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Figure  74. 


From  Figure  75,  we  have 


“2  =  ui  +  w 


(102) 


Let 


1 

RY1 


.  2 
sin* 


(103) 


Note  that  a  convex  curvature  (with  respect  to  the  mating  body) 
carries  a  positive  sign  and  a  concave  curvature  carries  a 
negative  sign. 


For  the  flange/roller-end  contact/  the  X^  and  X2  axes  are  co¬ 
incident;  therefore,  the  angle  id  is  zero,  and  Equations  (103) 
and  (104)  can  be  reduced  to 


8  -  *  & 


+ 


+ 


(105) 

(106) 


If  the  original  choice  of  X  and  Y  axis  was  correct,  A  will  be 
less  than  B.  If  A  is  greater  than  B,  the  X  and  Y  axis  should 
be  switched,  and  Equations  (105)  and  (106)  should  be  recal¬ 
culated  to  be  consistent  with  the  following  analysis. 


The  eccentricity  of  the  contact  ellipse,  e,  may  be  computed 
from 


A  =  (1  -  e2)  (gr  E) 
B  E  -  (1  -  eS)  K 


(107) 
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K  and  E.  are  the  ccta^lete  elliptic  integrals  of  the  first  and 
second  kinds,  respective lyi 


For  both  Equations  (108)  and  (109) 


(T^ff  e6  +  ...) 

(108) 

\2*4*6y  J 

frl-rf  -  ...\ 

(109) 

\2  *  4  •  6  /  J 

e2  <  1. 

The  value  of  e  may  be  found  by  applying  the  Newton-Rhapson 
technique  to  Equation  (108) ,  which  yields 

i 

+1  +  (A/B  (%-(1-ei)*i)~(1-ei> '(Ki-Ej)  (e±-  (l-e|)  ) 

1  1  ei  (3Ei-2(2-e|)Ei.  Ki  +  (l-ef)Kf) 

(110) 


Equation  (111)  may  be  solved  iteratively  to  the  desired  ac¬ 
curacy-.  Starting  values  for  Equation  (HO)  may  be  chosen  from 
the  following  tabled 


e  0.0  0.1  0;2  0.3  0.4  0.5  0.6  0.7  0.8  0.9  1.0 
A/B  1.0  0.9  0.82  0.75  0.69  0.60  0.51  0.40  0.29  0.20  0.0 


The  dimensions  of  the  pressure  ellipse  are 


( 3  P3  (K  -  E)  \  1/3 

a  =  ( - - - (vR  +  \>E)  ) 

V  2Ae^  S 


(111) 


b  =  a  1  -  e2  (112) 

The  elastic  approach  (total  combined  deflection)  along  the  Z 
axis  for  the  roller-end/flange  contact  is 


6 RE  “  (~2a~)  (VE  +  VR)  * 

Finally,  the  maximum  compressive  stress  is 
-3  P3 

scre  =:  T7ST 


(113) 


(114) 
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CONE  RIB  (FLANGE)  SCORING  FORMULA 

The  predominant  mode  of  failure  of  high-speed  tapered  roller 
bearings  is  scoring  at  the  roller- end/f  lange  contact.  This 
failure  mode  is  very  similar  in  appearance  to  scoring  failures 
experienced  in  heavily  loaded  high-speed  gears.  Scoring  failure 
is  the  momentary  weiding,  tearing  apart,  and  smearing  of  the 
contacting  surfaces  due  to  a  breakdown  of  the  lubricant  film. 

The  breakdown  of  lubricant  film'  can  be  the  result  of  insuffi¬ 
cient  oil  supply  or  of  the  heat  generated  by  the  pressure  and 
sliding  occurring  in  the  contact  area. 

High-capacity  high-speed  gearing  which  exhibits  this  mode  of 
failure  is  analyzed  for  a  flash  temperature  criterion.  This 
concept  has  been  applied  to  spur,  helical,  bevel,  and  hypoid 
gearing  with  encouraging  results..  This  theory  states  that 
there  exists,  for  each  lubricant  or  family  of  lubricants,  a 
critical  instantaneous  (flash)  temperature  beyond  which  the 
lubricant  is  no  longer  able  to  maintain  a  film  separating  the 
contacting  surfaces.  The  calculation  of  this  f ] ash  tempera¬ 
ture  is  predicated  upon  certain  basic  assumptions: 

•  All  heat  flow  is  in  a  direction  perpendicular  to  the 
plane  of  sliding. 

•  The  thermal  effect  of  the  lubricant  film  itself  is 
negligible. 

•  The  elastic  limit  is  not  exceeded  on  either  member. 

•  Neither  contacting  surface  exhibits  macroscopic 
irregularities. 

•  Both  bodies  are  homogenious  and  isotropic. 

•  Both  bodies  have  the  same  surface  temperature  at  the 
contact  point. 

•  Lubricant  supply  to  the  contact  point  is  adequate. 

The  first  item  to  be  considered  is  the  frictional  heating  gen¬ 
erated  between  two  semi-infinite  bodies  in  contact.  If  we 
assume  that  the  semi-infinite  body  1  slides  over  body  2  with 
a  velocity  Vg  while  exerting  a  pressure  P,  and  that  a  coeffi¬ 
cient  of  friction  f  exists  between  them,  the  heat  flux  at  the 
junction  surfaces  will  be 

q  =  P  Vs  f  (115) 

If  it  is  assumed  that  both  bodies  are  at  the  same  initial 
temperature  and  that  the  heat  is  distributed  evenly  between 
them,  then  the  temperature  rise  on  each  body  will  be  the  same. 


Bo lk 5  has  suggested  the  following  formula  for  the  temperature 
rise: 


T =  JL-  (116) 

/-IT.  O 

where  AT  =  temperature  .rise,  °F  _ 

t  ==  time  of  contact,  sec 

c  =  a  thermal  constant ,  in. -lb  (in.2  °f  sec1/2) 

and 

C  ~  Cp  C|(  Yp  (117) 

Cp  =  specific  heat, 

Cjr  =  thermal  conductivity,  •: — — — 

in •  f  SGC 

YD  =  weight  densi  :y,  lb/in.3 

For  the  temperature  ’-ise  to  be  the  same  on  body  1  and  body  2, 
we  have 

2  <31  ^  =  AT  =  _i_  ^2 
/ir  C-^  ST  C_2 

The  total  heat  flux  is 

qT  =  qi  +  q2 
Thus 

C1 

ql  "  C±  +  C2  qT 


q2  C1  +  C2  qT 

which  is  an  approximation  of  the  heat  flux  distribution  to  each 
body. 

Now  consider  two  bodies6  which  are  rolling  and  sliding  on  one 
another.  It  will  be  assumed  that  the  temperature  distributions 
on  each  body  are  identical  at  the  contact  point.  The  contact 
time  is  no  longer  the  same  for  each  body,  and  Equation  (118) 
becomes 


(118) 

(119) 

(120) 

(121) 


■  2  >  /tf 

—  q 

/ir  i  ci 


2  /tj 

q  _ 

2  e2 


(122)' 


Now  if  d*  is  the  width  of  the  contact  band  in  the  direction  of 
travel/  and  and  V2  are  the  linear  velocities  of  bodies  1 
and  2  respectively/  we  have 


/Vi/d' 


=  *2 


/V2/d 1 


(123) 


where  and  V2  have  the  same  sense  and 

where  d'  is  the  dimension  of  the  pressure  ellipse  in  the  di¬ 
rection  of  travel. 

Thus  Equations  (120)  and  (121)  become 


a  Cl  /VI _ 

1  Cl  /Vi  +  c2  /Vj  qT 


(124) 


C2  /V2 

q2  =  - 7= - 7=  qT 

Ci  /vl  +  C2  /V2 


(125) 


And  the  total  heat  generated  is 


/Ac  q  dAc  =  /Ac  P  f  Vs  dAc 


f  pO  f  VS 


(126) 


where  PQ  =  maximum  contact  stress 

Therefore,  the  flash  temperature  of  the  roller-end/flange 
contact  is 


AT  = 


/tt  P0  f.  Vs  /d 

2  (ci  Nl  7  c2  /vf) 


(127) 


The  only  parameter  of  the  above  equation  which  cannot  be  ade¬ 
quately  defined  at  this  time  is  the  coefficient  of  friction 
between  the  roller  end  and  the  cone  rib  flange.  Work  pub¬ 
lished  by  Wren  and  Moyer'  of  Timken  has  shown  that  a  coeffi¬ 
cient  of  friction  value  of  0.005  has  been  established  for  this 
area  of  contact.  Therefore,  unti'  additional  data  is  generated 
for  high-speed  tapered  roller  bearings,  the  value  of  0,005  will 
be  used  for  calculating  the  flash  temperature  of  the  roller-end/ 
flange  contact  area. 
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CONE  RIB  LUBRICANT  TRAJECTORY  ANALYSIS 

As  the  operating  speed  of  a  tapered  roller  bearing  increases, 
the  effects  of  centrifugal  force  oh  the  oil  passing  through 
the  bearing  make  it  very  difficult  to  maintain  an  adequate 
supply  of  oil  at  the  roller-end/flange  contact.  High-speed 
photographs  show  that  centrifugal  force  starves  this  area  of 
lubricant  when  operating  speeds  exceed  10,000  fpm,  as  shown 
schematically  in  Figure  77.  The  most  successful  way  to  pro¬ 
vide  additional  oil  flow  to  this  area  is  that  of  a  secondary 
source  of  lubricant  brought  in  through  a  hollow  shaft,  then 
out  through  radial  holes  into  the  shaft,  and  then  into  a  mani¬ 
fold  machined  into  the  bore  of  the  bearing.  The  manifold 
distributes  the  oil  around  the  circumference  of  the  shaft  and 
then  out  through  a  number  of  radial  holes  in  the  cone,  which 
provide  oil  to  the  undercut  area  cf  the  cone  rib  flange. 

in  order  to  provide  an  even  and  adequate  distribution  of  oil 
along  the  cone  rib  flange,  the  number,  size,  angle,  and  length 
of  the  holes  machined  into  the  cone  must  be  carefully  chosen. 
Inadequate  design  of  these  holes  will  limit  the  operating 
speed  of  the  bearing  because  the  oil  will  be  dissipated  away 
from  ths  roller-end/flange. contact  before  the  roller  reaches 
the  next  oil  supply  hole. 

To  insure  that  the  oil  lubrication  holes  are  adequate  in  size 
and  nunber,  an  anlaysis  has  been  developed  to  determine  the 
traiectory  of  the  »oil  upon  leaving  the  rib  undercut  area. 

In  cases  to  be  considered  in  this  analysis,  the  rib  flange  is 
attached  to  the  inner  race  with  small  holes  drilled  from  the 
manifold  through  the  undercut  between  the  flange  and  the  inner 
race  in  order  to  provide  lubricant  flow  to  the  roller-end/ 
flange  contact  point  by  means  of  centrifugal  pumping  (i.e., 
Figure  78) .  Of  particular  interest  is  the  calculation  of  the 
angle  0o.  This  is  the  angle  between  the  point  at  which  the 
theoretical  oil  stream  enters  the  flange  area  and  the  point  at 
which  it  leaves  the  flange  area.  If  this  angle  is  small  when 
compared  with  the  angular  spacing  ao  of  the  holes,  the  oil 
flow  will  essentially  bypass  the  flange/roller-end  contact 
and  thus  provide  inadequate  lubricant  distribution  in  this 
area,  which  will  be  conducive  to  a  scoring  or  starvation  type 
failure.  Adequate  distribution  is  essential  since  much  of  our 
preceding  analysis  was  based  on  tne  presence  of  sufficient 
lubricant  in  the  area  of  contact. 

The  flow  analysis  of  the  oil  in  this  area  is  very  complex. 
Basically,  three  conditions  are  possible.  If  the  flow  rate 
possible  through  the  flange  holes  is  substantially  higher  than 
that  possible  through  the  shaft  holes,  then  either  a  partially 
developed  oil  flow  or  an  oil-air  mixture  flow  will  result  (see 
Figure' 79) .  If ,  as  the  oil  passes  through  the  shaft  holes 
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Figure  77.  Oil  Flow  Path  Within  High-Speed  Tapered  Roller 
Bearing  Lubricated  at  Cone  Small  End  Only, 


into  the  shaft-race  cavity ,  the  oil  is  not  mixed  with  the  air 
into  an  oil-air  suspension,  then  the  flow  will  be  as  shown  in 
the  upper  drawing  in  Figure  79  with  the  only  force  acting  on 
the  fluid  being  the  centrifugal  force  due  to  race  rotation. 

If  the  oil  arid  air  are  thoroughly  mixed,  then  a  condition 
similar  to  that  shown  in  the  center  drawing  in  Figure  79  will 
exist.  Finally,  if  the  flow  rate  possible-through  the  flange 
holes  is  less  than  or  equal  to  that  possible  through  the 
shaft  holes,  then  a  lubricant  head,  will  build  up  as  shown  in 
the  lower  drawing  in  Figure  79, 

The  velocity  of  the  oil  stream  as  it  leaves  the  hole  in  the 
flange  race  uridercut  is  dependent  upon  the  conditions  within 
the  shaft-race  cavity;  however,  once  this  velocity  is  known, 
the  .problem  is  identical  regardless  of  the  conditions  in  the 
cavity. 


At  the  junction  point  of  the  inner  race  and  the  flange  (see 
Figure  80 )  the  oil  stream  has,  in  general,  a  velocity  VA 
which  may  be  expressed  as 

VA  “  (VAX2  +  VflY2)1'  2  <128> 

Yo  -  tan"1  (129) 

VAX/ 

where  VAX  =  the  tangential  velocity  of  the  race  at  point  A 

VAy  =  the  velocity  of  the  oil  stream  due  to  the  action 
of  centrifugal  force  as  the  oil  moves  up  the 
inlet  tube  from  point  D  to  point  A 

If  we  assume  that  the  velocity  VA  remains  constant  over  the 
distance  £p,  we  may  ep:j.ly  calculate  the  time  tp  required  for 
a  particle  of  oil  to  traverse  this  distance, 


tp  -  £p/VA 


(130) 


Knowing  the  time  tp  we  may  now  calculate  the  angle  through 
which  point  C  rotates  during  the  time  tp, 


0  o  =  wj  tp  (131) 

Referring  to  Figure  81,  we  will  assume  that  the  oil  builds  up 
in  the  cavity  on3y  to  point  D  .  It  then  spills  over  into  the 
channel  between  points  D  and  A  .  At  point  D  it  has 
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Figure  81.  Oil  Manifold  Geometry 
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essentially  zero  velocity  in  the  Y  direction.  Along  the  dis¬ 
tance  Iq  it  is  accelerated  at  a  rat'"-  which  is.  proportional  to 
the  square  of  its  distance  from  the  bearing  centerline. 

If  the  acceleration  is  a  function  of  path  distance*'/  we  have 

V  =  (Vq*  +2  a  dy)1/2  (132) 

y0 

where  a  =  .acceleration 
V  =  velocity 
y  =  distance 

Integrating  Equation  (132)'  yields 

vay  =  (v02  +  “i2  (y2  -  yo2)i1/2  (133) 

where  yQ  is  the  distance  from  the  bearing  centerline  to  the 

point  D  measured  perpendicular  to  the  bearing  centerline; 
y  is  the  distance  to  the  point  A  )  and  the  velocity  at  point 
D  is  essentially  zero  so  V0  is  zero . 


y0  =  Rx  -  £0  sin  (yh) 

(134) 

<3 

H 

Pi 

II 

>1 

(135) 

where  £o  is  the  overall  length  of  the  oil  hole  as  shown  in 
Figure  81  and  A  is  the  amount  of  undercut  present. 

The  point  of  maximum  usefulness  of  the  oil  for  lubricating 
the  roller-end  contact  is  the  point  C  .  The  point  C  is 
that  point  beyond  which  the  lubricant  stream  is  in  the  process 
of  escaping  from  the  roller-end/flange  contact  area.  Depending 
on  the  orientation  of  the  contact  band,  the  radius  to  point  C 
is  calculated  as  follows: 


Kct  =  Rp  +  b  sin  (yb)  ?  (y  -  e)  >  0  (136) 

(Pressure  ellipse  minor  axis  is  in  plane  containing 
bearing  axis.) 
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massB^S&S^S^. 


RCT  =  %  +  a  sin  (yb)- '  “  0)  <  0  (137) 

(Pressure  ellipse  major  axis  is  in  plane  containing 
bearing  axis.) 

If  (y  -  0)  =  0,  the  pressure  ellipse  rs  a  circle  (  a  =  b) . 

Rct  j s  perpendicular  to  the  bearing  axis. 

Consider  the  triangle  defined  by  points  A  ,  B  ,  and  E 
shown  in  Figure  80  and  expanded  in  Figure  82;  then 

QX  =  Y0  +  90  (138) 

The  X  component  of  the  velocity  Va  is  simply  the  tangential 
velocity  of  the  flange  at  point  A  . 

VAX  =  UI  RI  (139) 

We  may  now  turn  our  attention  to  the  determin  .  of  the  oil 
stream  velocity  in  the  Y  direction  at  point  J  .  As  stated 
earlier,  the  Y  component  of  velocity  at  his  point  is  a  func¬ 
tion  of  the  conditions  within  the  cavity .  The  most  likely 
condition  is  that  shown  in  Figure  1°  top) .  In  any  event,  it 
is  unlikely  that  sufficient  oil  w.i.  ■  juild  up  in  the  cavity  to 
enable  us  to  consider  the  flow  a t  .Tvnating  from  a  pressurized 
orifice.  We  will,  therefore,  analyze  the  flow  as  occurring 
purely  as  a  result  of  centrifugal  force. 

The  distance  may  be  found  by  successive  applications  of 
the  law  of  sines  to  the  triangle  shown  in  Figure  82 1 


RCT 


(Rl  A) 


sin  (YB)sin  (0-j)  sin  (yb)  sin  (03) 
Solving  for  63  yields 


.  _i  sin  Pi)' 
03  =  srn 


(140) 


(141) 


(142) 


RqT  sin  (62) 

7  sin  (yb)  sin^e^ 


(143) 
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,The  velocity  V^y  can  be  :bfbkeh  down  into  its  radial  and  axial 
components/  -  ' '  ' 

VftXL.  ^-VAY  9os  Cyh)  (144) 

and 


VRADL  "  VAY  sir*  (Yr)  (145) 

where,  as  noted  earlier,  VAy  is  the  stream  velocity  along  the 
flange  and  yh  is  the  hole  angle  with  respect  to  bearing  center- 
line  . 

The  ratio  of  the  angle  0o  to  the  angular  spacing  of  the  second- 
source  lubricant  holes  is  of  interest  in  evaluating  the  effec¬ 
tiveness  of  the  second  lube  source  in  providing  adequate 
lubrication  coverage  of  the  cove  flange.  This  ratio  is 


(146) 


where  aQ  =  angular  spacing  of  the  holes 

Of  considerable  interest  and  vilue  in  appraising  the  accuracy 
of  the  foregoing  section  is  a  knowledge  of  the  full  oil  flow 
capability  of  the  holes  in  the  bearing  race  flange  intersec¬ 
tion.  A  first  approximation  of  this  flow  may  be  obtained  by 
calculating  the  flow  through  the  hole  by  utilizing  the  veloc¬ 
ity  of  the  stream  at  the  outlet  point  as  calculated  by 
Equation  (133) . 


The  product  of  area  and  velocity  yields  volume  flow 
qH  =  nH  aH  VAY  CDH 


(147) 


where  =  number  of  second-source  lube  holes 

CDH  =  discharge  coefficient  of  the  hole 

=  cross-sectional  area  of  second-source  lube  holes 

The  flow  may  be  expressed  in  gallons  per  minute  by  utilizing 
appropriate  conversion  factors,  so  if  AH  is  in  in. 3  and  VAY  is 
in  in. /sec  we  have 


QHt  -  NH  aH  VAY  cDH 


(60  sec)  (1  gal) 
min  231  in.^ 


(148) 
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The  total  flow  is  then .given  by 


QHT  =  0.204  Nh  Cdh  Vay  Djj2  (GPM)  (149) 

where  pE  =  diameter  of  second-source  lube  holes 

In  general,  the  flange  surface  and  the  centerline  of  the  oil 
holes  ctt  the  junction  of  the  inner  race  and  the  flange  will 
not  be  at  the  same  angle  with  respect  to  the  bearing  axis; 
thus  the  oil  stream  from  these  holes  will  not  necessarily  hit 
the  contact  point  exactly.  A  second  measure  of  the  effective¬ 
ness  of  the  oil  stream  in  providing  lubrication  to  the  roller- 
end/flange  contact  may  be  obtained  by  forming  the  ratio  of 
&m  to  Am  as  shown  in  Figure  83.  If  this  ratio  is  zero,  the 
stream  is  aimed  directly  at  the  contact  point.  If  this  ratio 
is  greater  than  0.0,  the  stream  is  aimed  at  soma  point  on  the 
roller  end  curvature  between  the  contact  point  and  the  inner 
race.  If  this  ratio  is  less  than  0.0,  the  stream  is  aimed  at 
the  flange  between  the  inner  race  and  the  contact  point. 


From  Figure  83,  we  have 

Am’  =  RE  t1  "  cos  (0" ) /cos  (0)]  '  (150) 

The  cone  distance  is 

CE  =  E/(2  sin  (y))  +  H/2  (151) 

therefore, 

Rj 1  =  [CE  -  Re  cos  (0")]  sin  (y)  (152) 

But 

L<r'  =  Ri/tan  (a)  -  Ri'/tan  ( y )  +  (Rl  -  Rl')/tan  (yh)  (153) 
Employing  the  law  of  sines  yields 


(154) 

(155) 
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Figure  83.  Basic  Angle  and  Dimension  of  Oil  Manifold 


HIGH-SPEED  TAPERED  ROLLER  BEARING  FATIGUE  LIFE  .ANALYSIS 

Figure  82  illustrates  a  tapered  roller  bearing  and  defines 
some  of*  the  nomenclature. 

In  conventional  tapered  roller  bearings  the  large  end.  is 
spherical  with  the  center  of  the  sphere  on  the  roller  axis. 

In  Figure  84  the  center  of  the  roll-end  arc  is  not  on  the-  axis 
of  the  roller  in  order  to  allow  for  variation,  in  the  angle  9 • 

Pi  and  P2  are  the  outer  and  inner,  race  contact  forces.^  Mi  and 
M2  are  contact  moments  resulting  from  misalignments  of  roller 
and  raceways.  P3  is  the  reaction  from  the  guide  flange.  F-. 
and  Mq  are  the  centrifugal  force  and  gyroscopic  moment  acting 
on  the  roller  at  the  mass  center. 

Figure  85  shows  the  five  displacements  that  the  inner  ring 
may  have  with  respect  to  the  outer.  The  sixth  degree  of  free¬ 
dom  is  the  rotation  of  the  inner  ring,  about  its  axis. 

Looking  along  X  from  right  to  left  the  rollers  are  numbered 
sequentially  clockwise  with  No.  1  roller  at  the  top.  Then  the 
azimuth  of  the  qth  roller  is 


♦q  = 


(156) 


The  approach  of  inner  race  to  the  outer  is  evaluated  along  the 
roller's  mid-diameter  and  is 


Ag  =  [6i  +  |  (<$4  cos(<j>q)  +  65  sin(^q)  ]  sin  (6  -  j)  + 

[•  t  Pd 1  T 

62  sin(<|>)+  63  cos(<j,)-  2*-  cos  (3  -  2') 


The  relative  misalignment  of  outer  and  inner  races  is 


(15?) 


64  cos((j>q)  +  6'  sin  (<j»q) 


(158) 


In  order  to  determine  the  equilibrium  position  of  the  roller 
between  the  races,  assumptions  of  the  roller's  approach  to  the 
outer  race  Ai  and  its  misalignment  ai  with  respect  to  the  outer 
race  are  made.  Then 


A1  cos©+  a2  cos  (§)=  Aq 


(159) 


<*1  +  «2  =  ac 


(160) 
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For  purposes  of  determining;  the  length  of  the  contact  pattern 
between  roller  and  race,  the  geometric  intersections  of  roller 
and  race  shapes  are  needed. 

The  distance  from  the  midpoint  of  the  roller  to  a  contact  ex¬ 
tremity  measured  along  the  element  of  the  cone  is 

is  the  left-most  extremity  and  takes  the  positive  sign  of 
the  radical.  is  the  flat  length  and  may  be  zero.  is 
the  roller  crown  radius. 


If 


>  ( 2  ~  ^RAD^ 


Yi  ±  “  CRAD) 


(162) 


If  the  roller  has  a  flat  length  ana  the  intersection  falls 
within  the  flat 


Y±  =  - 


J=l,2 


(163) 


The  approach  of  the  roll  body  to  the  race  at  a  distance  X  from 
the  midpoint  of  the  roller  is 


Ax  »  Aj  +  Xa j  (164) 

£F 

If  | X I  >  —  the  approach  is 

4x  ■  4j  +(R|-(X-«j(B|-(^)2)1/2)2)1/2-^-(^)2)1/2  (165) 

Lundberg^  gives  the  approach  Ax  as  a  function  of  the  load  per 
unit  length  Px  as 

(vp  +  vE)  /  /(Yi  -  Y2>\ 

AX  =  PX  (1-8864  +  Loge  {-  f  ^  )  (166) 

bx  is  the  semiwidth  of  the  pattern  at  point  X 

f ( Vp  +  Vi?) 

bX  =  -  PX  d  +  cj  Yx)  dxy  (167) 
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Ci  =  +1 


(168) 


Co  =  -1 


(169) 


>dx  cos 


YxV  E, 


for  outer  race 


(170) 


dx  cos  (8-t) 


for  inner  race 


(171) 


Ex  is  the  pitch  diameter  at  location  X  and  dX  the  roll  diam¬ 
eter  for  elastic  calculations  at  that  point. 


dY  = 


d  +  2X  sin^) 


(172) 


E  +  2X  si.n(^-)tan  ( 3— ^ 
cos  (3) 


for  outer 


(173) 


E  +  2X  sin (7) tan  (fi-J) 

Ev  =  - - 7 - - -  for  inner 

xo  cos  (8-t) 


(174) 


The  loading  Px  is  obtained  by  iteration  of  Equation  (175)1 

(Axn_i  -  Ax) 
pXn  =  P*n-1  -  dp^i - 

dAx|.n-l 


(175) 


where  A*  =  the  given  value  of  deflection  at  X 
X 

From  Equation  (166) ,  we  see  that 


(vR  + 


vE) (l. 


3864  +  Log 


(Yl  -  Y2)^ 

e  v;  2b —)) 


T’^e  total  contact  load  P  and  the  moment  M  are 


(176) 


,*1 

p  =  ;Y2  Pxdx 


(177) 
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(r 


Y1 

M  =  /  px  X  dX 


78) 


Y2 


TKe  derivatives  of  P  and  M  with  respect  tb  A.  and  a.  are 
required:  3  3 


dP. 


a 


,Yi  dpx  , 

/  ^  a* 

Y2  ~ax 


(179) 


dP. 


da  . 
3 


Y1  dPx  dAx 

J v  dA  '  da .  °  ■ 

y2  X  j 


(180) 


dM-j  Yi  dPx 

=  /  A  x  dx 


dA  . 


dA, 


3  Yo  "“X 


(181) 


fMj  _  fYl  !£x  £*x  Y 

da.  Jv  dAv  dd. 

J  X2  :  J 

£_ 

From  Equation  (164),  when  |x|  -  we  find  that 


da  . 
3 


=  X 


and  from  Equation  (165),  when  |X|  >  — ,  we  see 

6 


dA, 


aa. 


_  (x  -  “ifrc  -  (■r~)2)1/2)Gc  -  (jr)2) 

(«c  -  (X  -  “j  (*c  -  (f-)2)  7  ^  ) 


2-v1/2 


From  Figure  84,  we  obtain 


(182) 


(183) 


(184) 


-Pi  cos  (s)+  P2  cos  (8-t)  -  P3  sin (3-  j- 0)  +  CF  =  =  0 

-Pi  sin(e)+P2  sin ( 3-t)  +  P3  cos  (3- j -6)  =  f2  “  0 


(185) 
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(186) 


Taking,  moments  about  the  roil  center  yields 


*3  = 


(Pi  -  P;>)d  sinf-*-) 

CF  h<  cos  (  B  -  ~)  -  GM,“MiH-M2 

r.  cds  ($)'  ~  t  sin  (C) 


Equations  (185)  arid  ,(186)  comprise  a  set  of  nonlinear 
ne'ous  equations  in  which  -the  variables  are  Ag.  and-  ct]_ . 
can.  be  linearized  and  solved  by  iteration  of 


Ai  =  Ar  ,  ~ 
An  xn=l 


*1 

^2 


d^i 

dai, 

ar2 

dc. 


n-1 


Dn-1 


“In  -  “ln-1 


di/ZjL 

n 

d^2 

h 

dAi 

n-l 

Dn~l 


D  is  the  determination  of  the  coefficient  matrix 


D  = 


di|>2.  d’J'i 
dAi  dai 
dip  2  dip  2 
dAi  dai 


From  Equations  (185)  and  (186) ,  we  have 
d'J'l  -  dPx  <3P2 


d^l,“l*  d^l/“l^ 


cos 


(»)■ 


d  ( A2  f a2) 


cos  (B-x) 


dP; 


sin  <s  -2-8) 


(187.) 


simulta- 

They 


(1BE) 


(189) 


(190) 


(191) 


d*2  dPr  ,  .  dP2 

_ — _  sin  (3)-  ■  ,  ■  ■  — r  sin  (3-x) 
(^1  ,“1)  d(Ai;ai)  w  &vA2-  <*2') 


+  dTArTT  cos~  (e  -i 


■And.  from  Equation  (157) 


IM]_  dM2  1  f  dPj 

[  1 ,  oi)  "d(A2/a2)  ”2  \d  (A-i/a 


dP2  ' 

D  +  d(A2,«2) 


A,  a.1 
If  4 


r  cos  (6)  -  t  sin  (0) 


The  reactions  of  the  bearing  on  the  shaft  in  the  plane  of  the 
rollers'  midlengths  are  shown  in  Figure  85  and  are 


F.J  =  sin  3  1  P- 


*2  =  co 


sal  %  sin(” -H3^) 


„  ?  fit  (q-l)N 

6  I  p,  00s i - a — . , 

_ n  Si  ^  S 


(196 


F^  =••  l  (^-2  (E  sin  d  sin(j)+ M-l  ^cos (iS-lSzli)  (197 

q-1.  q 

n  / 

Fg  =  l  (E  sin  B  +  d  sin(~ )  +  Mlgj  sin^V  SSzD^  (X98 

q=l'  ' 

The  derivatives  of  the  Fj  with  respect  to  the  displacements  at 
the  bearing  center  are  required.  However,  it  is  necessary  to 


first  find  — =— r-  and  -s~r- 


Differentiating  Equations  (185)  ,  {,186),  (159)  ,  and  (160)  with 
respect  to  A  and  a  give's  four  simultaneous  equations  which  are 
linear  in;  the  desired  derivatives  and  from  which  the  following 
may '.-be  obtained  . 


"The  elements  of  the  coefficient  -matrix  are 

dpr  ,  N  3P3  t 

*11  -  -  Mi  cos(8)-  Ml  sin  (6  -  j  -  8) 


dP2  3?3  t 

a12  =  Tq  dos  (B-T)-^sin  (3-2 -0) 


a13  "  ‘ 

_  £i 

do.]_ 

cos 

(•)- 

3P3 

3a}_ 

sin 

(3  - 

T 

2  “ 

e) 

®2 

(6  - 

t)  - 

3P3 

T  ' 

a14  = 

da2 

cos 

3«2 

sin 

(3  ■ 

"  2  " 

•  0) 

a21  =  ' 

dPX 

sin 

(n)+ 

3P3 

341 

cos 

(3  - 

T 

2  “ 

6) 

dP2 

(3  - 

t)  + 

3p3 

(3 

t 

a22  = 

dA2 

sin 

3A2 

cos 

“2  * 

-  0) 

dpi 

00  + 

3£3 

(3  - 

T 

9) 

a23  = 

~  dal 

sin 

3ai 

cos 

2  “ 

a24  = 

dP2 

da  2 

sin 

(3  - 

■  t) 

3P3 

3a2 

cos 

(3 

T 

“  2  ’ 

-0) 

a31  =  1 
a32  =  1 
a33  =  0 

a34  “  0 
a41  =  0 

a42  =  0 
a43  =  1 


(199) 

(200) 

(201) 

(202) 

(203) 

(204) 

(205) 

(206) 

(207) 

(208) 

(209) 

(210) 
(211) 
(212) 
(213) 
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>  ,  a44  =  1 

The  partial  derivatives  of  P3  required  above  are 


(214) 


8P3 

<^1  1  dpl  ,  .  /"r  \ 

'  asj.-  2  ail  d  s±r\V 

3ai 

r  cos  (0)  -  t  sin  (0) 

3P3 

-  JCJ  -  2  d 

**1 

r  cos  (8)  -  t  sin  (0) 

9P3  _ 

dM2  1  dP2  .  -y  t  \ 

dA^  +  2  dA2  d  S11\2  ) 

3a2 

r  cos;  ( 0 )  -  t  sin  ( 0 ) 

9P3  _ 

dM2  1  dp2 

da2  +  2  cGT2  d  S1  \  2  J 

9a2  r  cos  (0)  -  t  sin  (8) 


(215) 


(216) 


(217) 


(218) 


The  vector  of  constants  when  differentiating  with  respect  to 
A  is 


(219) 


v2  =  0 


J  cos  (J) 
V4  =  0 


(220) 

(22.1) 

(222) 


The  vector  of  the  unknowns  is 


(Xi) 

=  t«i31 

-1 

dA  1 

*1 

is 

—=■  and 
dA 

*3 

If 

the 

vector 

of 

(223) 


da 

d/T 


V1  =  0 
V2  =  0 


(224) 

(225) 


159 


V3  =  0 


v4  = 


COS  (y)  > 

2  dA  ■}  dA  -l 

and  Equation  (223)  solved  again>  is  -—=•  and  X3  is 


(226) 

(227) 


Differentiating  Equations  (156)  and  (157)  with  respect  to  the 
6^  gives  for  A  and  a  at  azimuth  $ 


dfit  sin'^ 


(228) 


dA 
d  6 


-  =  cos  (6)  sin  (4,) 


(229) 


dA  f.  v 

g-rr  =  cos (8)  cos  (<|>) 

3 


gfr  =  |  sin  (8)  cos  (<j>)l 


gfr  =  |  sin(p)sin($) 
5 


da 


d(Si'  52'  53 


r-  -  0 


da 

d<5 


r  =  cos  4> 


(230) 


(231) 


(232) 


(233) 


(234) 


da 

d6 


r  =  sin  41 


The  derivatives  of  Pi  and  Mi  with  respect  to  the  6j  are 
dPi  _  /dPi  dAi  dPi  da]\  dA  /dP  1  dAl  dPi  da]\  da 

d6j  “  \d ii  dT"  +  d^;  dr)  aej+\jnj  3T“+^  dsr 

dMj  _  /dMj  dAl  ,  dMlNdai  dA  / dMi  dAl  dMl  daiN da 

dTJ  "  dA  da1(/dA  5TT  \3a“  3a  cTu^  da  “  Jd&T 


(235) 


(236) 


(237) 
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(2450 


NL 

F3  =  l  F3j 

j=l 


F/  = 


l  (F4j  +  Lj  F3j^ 


j  =  l 


/ 


(246) 


Nl  /  X 

F5  =  l  (F5j  +  Lj  F2j) 

1=1  y 


(247) 


Equilibrium  of  the  system  requires  that 
Nb 

■n  I  _ 

-1 


Fi + 1  Fk  - 

i=l 


=  £1=0 


(248) 


nb 

f2  +  I  P^i 

i=l 


=  £9=0 


(249) 


NB 

f3  +  I  F3i 
i=l 


£3 


=  0 


(250) 


nB 

f4  +  I  (F^ 

i=l  " 


+  L. 


i  F3i)  " 


E  4  =0 


(251) 


nb 

5  +  l  (P^i  +  Li  Fk) 


=  £  5 


=  0 


(252) 


For  a  given  set  of  displacements  5]_  through  65  at  the  origin, 
the  resulting  displacements  at  a  bearing  location  are 


6 '  =6  +  6 " 
li  1  li 


(253) 


62i  “  fi2  +  62i  +  Li  65  ”  Z2i 


(254) 
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value  of  Yt  and  -the  minimum  value  of  Yo .  Call  these  Yi 
and-  Yg.. 


le  ~  ~  H  (261) 

£e  is  the  effective  length  of  contact  for  the  race  concerned 
and  can  be  thought  of  as  a  band  of  that  width  extending  around 
the  raceway.  The  band  is  now  sliced  by  an  appropriate  number  of 
planets  perpendicular  to  -the  axis . 

At  each  of  these  stations  including  the  end  ones,  the  unit 
pressure  p  is  evaluated.  A  mean  value  of  p  is  found  depending 
on  whether  or  not  the  race  rotates  with  respect  to  load. 

1-f  the  race  rotates  with  pespact  to  load,  the  mean  load  Pm  is 

A  n  /  4 

pw* 4  “4  “  l  P j  i  ')  1  «  number  of  stations  (262) 

*  Vh  V 

If  the  race  is  stationary  with  respect  to  load 


i  =  1,  number  of  stations  (263) 


The  capacity  of  a  i  ace  contact  at  a  station  is 

29  2S  2  7 


AX  (ItYx)27  dX27  7X9 
n1/4  (1+  y*) 

t  (d  +  2x  sin-(^))  cos  (e) 

tf  . .  I  »«1.  w»ii  I*«»  ■■■■V  *  Hi  n  ■  tatmmmmM 

F,  +  2X  sin(|)tan  (B-  J) 

(d  +  2X  sin(J))  cos  (p-<) 
E  +  2X  8in(^)t&n  (P  ~ 1) 


for  outer 


for  inner 


(264) 


(265) 


(266) 


The  upper  signs  in  Equnfci  u  *2M)  apply  to  an  outer  contact 
and  the  lower  to  an  inner. 
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Since  the  fatigue  effects  are  different  at  each  station,  they 
must  be  combined  statistically  to  obtain  an  equivalent  load 
for  the  entire  contact; 

2 


i,  1,  2  (267) 


where  J  =  the  total  number  of  stations. 
The  life  of  a  set  of  contacts  is 


(  1.4  16666.7 

1  V  |  Mi  "  N2| 


The  life  of  the  complete  bearing  is 


L  = 


(268) 


(269) 
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